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EXPERIMENTAL INVESTIGATION OF HEAT TRANSFER
PERFORMANCE OF FIN-AND-TUBE HEAT EXCHANGERS FOR DRY
AND WET CONDITIONS

SUMMARY

In this study, an experimental study was carried out on fin-and-tube heat exchangers.
Fin-and-tube heat exchangers are a type of heat exchanger used for enviroment
conditioning in the HVAC indsutry. The most frequently used places are offices,
community centres (shopping malls, hospitals, etc.), residences. The common function
of these places is that people are actively work in these places. Thermal comfort is
required for people to work, live or live more comfortably where they are located. The
definition of thermal comfort generally refers to the work of employees in offices in
air conditions with ideal temperature, humidity and air flow. Although the limits of
temperature, humidity and airflow values in this definition change in different places,
the definition itself does not change. Air handling units are systems installed for
thermal comfort in places where people are located. Fin-and-tube heat exchangers are
one of the most important parts of this system.

Fin-and-tube heat exchangers basically consist of fins and tubes. In order to increase
the heat transfer surface, the fins are placed with a determined fin pitch. The tubes are
tightly passed through the tube holes in these fins. There are many parameters affecting
the heat transfer performance of fin-and-tube heat exchangers. Geometrically, tube
arrangement, fin geometry and thickness, tube diameter, tube material are the most
significant factor parameters. Air-side inlet conditions of the heat exchanger are also
among the parameters affecting the heat transfer performance. In the literature, there
are many studies examining the effect of tube side on heat transfer in fin-and-tube heat
exchangers and examining the performance of air-side on heat transfer. The results of
the studies have provided more comprehensive information about the influence of the
fluid in the tube on heat transfer, compared to the effect of the air side on heat transfer
performance. Present studies are currently being conducted on the air side.

In fin-and-tube heat exchangers, air is heated or cooled for conditioning. There are
studies in the literature where humid air is heated, that is, dry conditions without
condensation on the surfaces. There are also studies in the literature about the
conditions in which humid air is cooled. In this case, condensation occurs when the fin
surface temperature is smaller than the dew point in those conditions, considering the
temperature and humidity of the air.

In this thesis, the fin-and-tube heat exchanger was tested under dry and wet conditions.
The air temperature is the same in dry and wet conditions. The experiments were
carried out on a single heat exchanger with the same number of rows, the same fin
spacing and the same geometrical tube arrangement. Air-side inlet relative humidity
and air velocity were considered as variable parameters. Experiments were carried out
at 90%, 80% ,70% and %30 inlet relative humidity respectively.
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KANATLI BORULU ISI DEGISTIRiCILERINDE KURU HAVA VE NEMLI
HAVANIN ISI TRANSFERI PERFORMANSININ DENEYSEL OLARAK
INCELENMESI

OZET

Bu calismada kanatli borulu 1s1 degistiriciler tizerinde deneysel bir ¢alisma yapilmustir.
Kanatli borulu 1s1 degistiricileri iklimlendirme sektoriinde ortam sartlandirilmasi igin
kullanilan bir 1s1 degistirici tipidir. En sik kullanildig: yerler ofis, toplum merkezleri
(aligveris merkezleri, hastane vb.) , konut gibi yerlerdir. Bu yerlerin ortak 6zelligi
insanlarm aktif halde bu yerlerde bulunmasidir. insanlarin bulundugu yerlerde daha
rahat ¢alismasi, bulunmasi veya yasamasi i¢in termal konfor gereklidir. Termal konfor
tanimi genel olarak ofislerde ¢alisanlarin ideal sicaklik, nem ve hava akiminin oldugu
iklim kosullarinda ¢alismasini ifade eder. Farkli yerlerde bu tanimdaki sicaklik, nem
ve hava akimi degerlerinin sinirlari degigsse de tanimin kendisi degismez. Klima
santralleri insanlarin bulundugu yerlerdeki termal konfor i¢in kurulmus sistemlerdir.
Kanatli borulu 1s1 degistiricileri bu sistemin en 6nemli kisimlarindan biridir.

Kanatli borulu 1s1 degistiricileri temel olarak lamel ve borudan olusmaktadir. Is1
transfer yiizeyinin arttirmak amaciyla bir¢ok kanadin arka arkaya belirli bir araliklarla
konulmasi ve diizenli olarak dizilmis boru demetinin boru kanatlarin igerisinden siki
geemesiyle olusturulmus yapilardir. Kanatli borulu 1s1 degistiricilerindeki 1s1 transferi
performansini etkileyen bir¢cok parametre mevcuttur. Geometrik olarak bakildiginda
boru dizilimi, kanat geometrisi ve kalinlig1, boru ¢api, boru malzemesi en 6nemli etken
parametrelerindendir. Is1 degistiricisinin hava tarafi giris sartlar1 da 1s1 transferi
performansin1 etkileyen parametreler arasindandir. Literatiirde kanatli borulu 1s1
degistiricilerinde boru i¢i akisinin 1s1 transferine etkisini ve hava tarafindaki kosullarin
1s1 transferine performansini inceleyen bir¢ok calisma bulunmaktadir. Yapilan
calismalar neticesinde, literatiirde boru igerisindeki akisin 1s1 transferine etkisi hava
tarafinin 1s1 transfer performansina etkisine kiyasla daha c¢ok kabul edilmis bilgiler
mevcuttur. Hava tarafi ile ilgili ¢alismalar hala devam edilmektedir.

Kanatli borulu 1s1 degistiricilerinde hava sartlandirilmak i¢in 1sitilir veya sogutulur.
Nemli havanin 1s1tildig1 yani yilizeylerde yogusma olmayan kuru sartlardaki ¢caligmalar
literatiirde mevcuttur. Nemli havanin sogutuldugu durumlar ile ilgili de literatiirde
caligmalar mevcuttur. Bu durumda kanat yiizey sicakligi, havanin sicakligi ve nemi
g0z Oniline alindiginda o sartlardaki ¢ig noktasindan daha kiiclik oldugu durumlarda
yogusma meydana gelmektedir.

Bu tez kapsaminda, kanatli borulu 1s1 degistiricisinin kuru ve 1slak sartlarda deneyleri
yapilmigtir. Kuru sart ve 1slak sartlardaki yapilan deneylerde hava sicakligi aynidir.
Deneyler ayni sira sayisi, ayn1 kanat araligi ve ayni geometrik boru dizilimi olmak
tizere tek bir 1s1 degistiricisi lizerinden yapilmistir. Hava tarafi girig bagil nemi ve hava
hiz1 degisken parametre olarak kabul edilmistir. Siras1 ile %90,%80 ve %70 giris bagil
neminde deneyler yapilmistir.

Birinci boliimde tezin amacindan ve literatiir ¢alismalarindan bahsedilmistir. Bu
caligmada, 4 sirali ve 31.75 x 28 mm tiip diizenine sahip bir kanatli ve borulu 1s1
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esanjorii farkli bagil nemlerde test edilmistir. Deneysel ¢alismalar yogusmasiz kuru
kosullar ve yogusmali 1slak kosullar i¢in gerceklestirilmistir. Tezin amaci, kuru ve
1slak sartlarda yapilan 1s1 degistiricisi deneylerinden elde edilen Colburn-j faktoriini
literatiirde kullanilan korelasyonlarla karsilastiriimasidir. Ayni zamanda kanatli borulu
151 degistiricileri ile ilgili bilgiler verilmistir.

Boliim 2°de ise kanatli borulu 1s1 degistiricilerinin 1s1 transferi i¢in teorik hesaplamasi
ile ilgili bilgiler verilmistir. Elektrik benzesim metotlarinin 6zeti olarak toplam 1s1
gecis katsayisinin hem 1slak hem de kuru sartlarda teorik hesaplanmasi detayli olarak
anlatilmistir. Kanat verimi ve ylizey verimi kavramlarmin yani sira hava tarafi ve
akiskan tarafi 1s1 taginim katsayisinin bulunmasi i¢in literatiirde kullanilan 6rnek
korelasyonlar paylasilmistir.

Boliim 3’de tez calismasindaki deneysel ¢alisma anlatilmistir. Deneysel calismanin
gerceklestigi laboratuvar, deney kosullart ile ilgili bilgiler aktarilmistir. Deneyler
sirasinda kullanilan kanatli borulu 1s1 degistiricisinin yapisal Ozellikleri ile ilgili
bilgiler verilmistir. Kuru sartlarda ve 1slak sartlarda deneylerin yapilma siirecini ve
deney sonuglar1 detayli olarak Boliim’3 igerisinde paylagilmistir.

Bolim’4 de ise, Boliim 3 kisminda deneysel verilerden alinan bilgiler kullanilarak
deneysel caligmadaki boyutlu bir parametre olan 1s1 tasinim katsayist degeri elde
edilmistir. Elde edilen 1s1 taginim katsayis1 verisi hem kuru sart hem de 1slak sart iginde
kullanilarak boyutsuz bir parametre olan Colburn-J faktorii bulunmustur.

Boliim 5 igerisinde ise yapilan ¢aligmanin bir 6zeti ve sonuglarin degerlendirilmesi
yapilmustir.

Kuru sartlardaki testler literatiirdekiler ile karsilastirilirken 1slak sartlardaki testler
kendi i¢inde degerlendirilmistir. Sonu¢ kisminda ise kuru ve 1slak sartlardaki deney
sonuglar1 kendi igerisinde yorumlanmustir.

Kuru kosullarda, hava hiz1 arttikca, 1s1l kapasite ve hava tarafi basing kayb1 degeri
artmaktadir. Hava hiz1 iki katina ¢iktiginda hava tarafi basing kaybi degeri 2.85 kat
artmaktadir.

Kuru kosullarda, Reynolds sayisi arttikca kanat¢ik verimi diigmektedir. Reynolds
sayist iki katina ¢iktifinda kanatgik verimi %6.2 oraninda azalmaktadir.

Reynolds sayisi arttiginda Colburn j-faktérii azalmaktadir. Is1 transfer katsayisi
Colburn j-faktoriiniin tamamen tersi bir davranis gosterir. Reynolds sayisi arttikca 1s1
transfer katsayis1 da artar. Reynolds sayis1 iki katina ¢iktiginda Colburn j-faktorii
%30.5 oraninda azalirken 1s1 transfer katsayisi degeri %35.5 oraninda artmaktadir.

Deneysel sonuglardan elde edilen 1s1 transfer katsayis1 ve Colburn j faktorii degerleri
literatiirde VDI Heat Atlas (2010) korelasyonuna benzemektedir. Diisiik Reynolds
sayilarinda %10'luk bir fark varken, Reynolds sayisi arttik¢a bu fark %1'e diigmiistiir.
Rich (1973) korelasyonunda ise diisiik Reynolds sayilarinda sonuglar olduk¢a benzer
iken Reynolds sayisi arttik¢a sonuglarin ayristigr gozlemlenmistir.

Islak kosullarda ayni1 Reynolds sayis1 ve farkli bagil nemlerde sonuclar %3 ile %10
arasinda degismektedir.

Kuru ve 1slak kosullarin hava tarafi basing kayb1 degerleri ayn1 Reynolds sayisinda
karsilastirildiginda, minimum %56 ve maksimum %80 fark ile ortalama %71 fark
vardir.
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Is1 transfer katsayis1 ve Colburn j-faktorii degerleri birbiriyle uyumludur. Islak ve kuru
sartlarda 1s1 transfer katsayis1 degeri diisiik bagil nemde yaklasik 2.5 kat daha fazla
iken, %90 bagil nemde bu oran 3.1 kata kadar ¢ikmaktadir.
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1. INTRODUCTION

Heat transfer is the process by which thermal energy is transferred between two
substances, such as fluids. This change in temperature, known as heat transfer, always
occurs from a high temperature to a low temperature by conduction, convection or

radiation.

Heat transfer is the process by which thermal energy is transferred between two
substances, such as fluids. This change in temperature, known as heat transfer, always
occurs from a high temperature to a low temperature by conduction, convection or

radiation.

Heat exchangers are mechanical devices designed to enable thermal energy transfer
between two or more fluids at different temperatures. These devices are commonly
known as heat exchangers, though they may have other names depending on their
specific application. There are many types of heat exchangers used in industry,
typically involving the temperature change of one fluid through the cooling or heating
effect of another. In some cases, this energy transfer can also cause simultaneous

evaporation or condensation.

In the refrigeration industry, condensers and evaporators are among the most common
types of heat exchangers. Beyond refrigeration, heat exchangers are widely used in air
conditioning systems, heat recovery systems, and process control systems. They can
be classified based on whether the fluids are in direct contact. In some designs, the
fluids directly contact each other to transfer thermal energy, while in others, a
separating wall prevents mixing. Many heat exchangers use a heat transfer wall to
separate the fluids, representing a type of non-direct heat transfer or regenerative heat
exchanger. The most common types of heat exchangers include tubular heat
exchangers, automobile radiators, condensers, evaporators, air preheaters, and cooling

towers. [3]

The tests carried out as part of this thesis relate to fin and tube heat exchangers. These

devices consist of two primary components: fins and tubes. The tube material is usually



copper or aluminium. Copper is the most commonly utilised material due to its high

thermal conductivity, which has a beneficial impact on heat transfer.

The surface area of the battery can be expanded in order to enhance the heat transfer
with the fluid and air that circulate within the coil. This surface area expansion is
achieved by the placement of fins on the tube surfaces. The type of fin model used
affects the performance of the heat exchanger. Consequently, a variety of fin models
are utilised in the heat exchanger industry. Pure aluminium is typically utilised as fin
material. In instances where ambient conditions are harsh (corrosive, humid, etc.), it is

preferable to utilise hydrophilic-coated aluminium or epoxy-coated aluminium.

As fin-and-tube heat exchangers are part of a larger system, it is necessary to distribute
the fluid entering the system into the tubes. This is achieved through the use of
manifolds. The fluid that will pass through the tubes within the heat exchanger is either
liquid or gas. The external fluid is either dry air or moist air containing water vapour.
In heat exchangers, the temperature of the external fluid determines whether the air is
cooled or heated after the process is complete. In industry, these heat exchangers are
also referred to as coils. In the thesis, a cooling coil is employed through which water

passes as a fluid.

The first chapter sets out the aim of the thesis and literature studies review. It also

provides information about finned tube heat exchangers.

Chapter 2 explains the theoretical analysis of heat transfer calculation for fin-and-tube

heat exchangers.

In Chapter 4, the heat transfer coefficient value, which is a dimensional parameter in
the experimental study, was obtained by using the information obtained from the
experimental data in Chapter 3. The Colburn j-factor was found by using the heat

transfer coefficient obtained for both dry and wet conditions.

In the 5th section, the results of the experiments were interpreted. The graph illustrates

the comparison of dry and wet conditions.

1.1 Purpose of Thesis

The objective of this thesis is to examine the thermal performance of a fin-and-tube

heat exchanger with a 31.75 mm x 28 mm tube arrangement, which has not been



extensively researched in the literature. These experiments was achieved under
different ambient conditions. The fin-and-tube heat exchanger was analysed according
to the presence or absence of condensation inside the fin-and-tube heat exchanger. In
the case where no condensation is present, a comparison is made with the correlations
that are suitable for the heat exchanger geometry and ambient conditions in the thesis
study, as well as those in the literature. A comparison was then made between the
results in the relevant correlation and the experimental results. Given the absence of
comparable studies on condensation in the existing literature, the objective of this
study is to serve as a reference point for future research and to enable comparisons

within the same study.

1.2 Literature Review

The most commonly used fin arrangement in fin-and-tube heat exchangers is the flat
fin model. Studies have been carried out for years to compare the heat transfer
performance and friction factor of round tube heat exchangers in the flat fin model.
There are studies in the literature not only for Plain-fin, but also for straight tube and
louver, wavy model. All these studies can basically be analysed under two different
headings as dry surface and wet surface. For dry surfaces, the most comprehensive
studies were carried out by Rich D.G. [24] in a 4-row finned tube heat exchanger and
concluded that heat transfer and friction factor are independent of fin pitch. Rich [18]
conducted experiments on different heat exchangers with 1-6 rows. Rich D.G.
conducted experiments with longitudinal and transverse tube pitches were 27.5 and
31.75 mm, respectively and tube diameter 13.34 mm. Mcquiston (1980) proposed the
first general correlation for plain fin pattern based on his test results of five test samples
(Fp = 1:81-6:35 mm, D, = 9:96 mm, Sy = 22 mm, St 25:4 mm and N = 4). The root-
mean-square error of the correlation obtained in this study, which is valid for N>4, is
7.3% for heat transfer coefficient and 7.8% for friction factor. The prediction value of
Gray et al.[16] correlation is more reasonable for larger tube diameters and longer tube
layouts. In their study, they stated that j-correlation is independent of fin pitch, but for

f -correlation, f factor increases as fin pitch decreases.

Wang (1996) conducted experiments using 15 different specimens in his study. In this
study, he examined the effect of several geometry parameters such as row number, fin

spacing and fin thickness (D, = 10.3 mm, Si. =22 mm, St 25:4 mm mm and N = 2-6.)



He reported that fin pitch has a negligible effect on the heat transport coefficient and

that the colburn j-factor and friction factor are independent of fin thickness.

For wet surfaces, many studies have investigated fully wet surfaces. Fully wet means
that temperature is lower than the dew point throughout the whole fin surfaces. Partial
condensation studies are available in the literature, but most researchers avoid these
studies. The reason for this is that the fin efficiency on the dry and wet surface must
be calculated and evaluated separately. However, the movement of droplets in
condensation makes it very difficult to determine this visually [19]. McQuiston [12]
found an increase of both heat transfer and friction under wet conditions and reported
that j is higher for dropwise condensation than filmwise condensation. Many other
investigators agree on the increase of f under wet conditions, but there is not uniform
agreement that j increases under wet conditions. Wang et. Al [5] has found that colburn
j-factor decreases for Repo<2000 but colburn j-factor is almost same or a slightly
higher than dry conditions for Repo> 2000. This study also claim that fin pitch has
negligible effect on colburn j-factor and friction factor under wet conditions. Wang et
al. [5] reported that the effect of relative humidity on friction factor is negligible for
plain-fin, round-tube heat exchangers under fully wet conditions, and that colburn j-

factor is almost independent of relative humidity.



2. THEORITICAL ANALYSIS OF HEAT TRANSFER OF FIN-AND-TUBE
HEAT EXCHANGER

This section provides information about the theoretical calculation of fin-and-tube heat

exchangers.

2.1 Heat Capacity Calculation

The mathematical equations that describe the heat transfer calculation of these heat
exchangers, as presented in Chapter 2.[10] The equation for the energy conservation

of the air and fluid sides is written as follows.

0=ma.(i,,~i,,) 2.1)

Q=m.Cpo(T,,~T,.) 2.2)

In Equations 2.1 and 2.2, the kinetic and potential energy changes in the inlet and outlet
sections were not considered. The mean values of main properties such as enthalpy
and temperature are taken into account. The enthalpies in equation 2.1 represent the
average enthalpies of the air-water vapour mixture per dry air flow rate. The average
mixture enthalpies can be calculated in accordance with equation 2.3, or the

psychrometric diagram can be read.

i, =1.0057 + w(2500.9 +1.82T) (2.3)

In this context, the symbol T represents temperature and is expressed in degrees
Celsius (°C). The heat transfer between two fluids is also calculated by the logarithmic
temperature difference. The logarithmic temperature difference is used as the basis for

the formula in equation 2.4.

Q=U,4AT, I (2.4)



In Equation 2.4, the following variables are defined: U,is the total heat transfer

coefficient, A,is the total air side surface area, A7, is the logarithmic temperature

difference, and F represents the correction factor.

If the heat loss from the outer parts of the heat exchanger is neglected, the thermal

capacity ( Q) value in equations 2.1, 2.2 and 2.4 should be equal to each other.

2.2 Logaritmic Temperature Difference

It is not the case that the temperature difference between two different temperature
fluids in the heat exchanger remains constant. Consequently, the calculation of
logarithmic temperature differences plays an important role in the estimation of
thermal capacity. The mathematical description of the logarithmic temperature
difference is illustrated in Equation 2.6 below. This description is obtained by dividing
the heat exchanger into cells, which facilitates the solution and allows for the

calculation of the energy balance in each cell.

az, = 20220
n 20 (2.6)
AT,

The calculations of AT1 and AT2 in the logarithmic temperature difference are
dependent on the direction of flow. The logarithmic temperature difference
calculations of AT1 and AT2 differ according to the direction of flow, whether in a

counter or parallel flow.

For counter flow;

AT, =T,,-T,, AT, =T, -T,, (2.6)

a,o W,i

For parallel flow

AT, =T, -T,, AT, =T, -T, 2.7)

a,i w,i a,o w,0



2.3 Surface Area Calculation

In order to correctly define the area of the cooling coil, it is necessary to make a proper

definition and calculation of the relevant parameters. The following paragraphs set out

the definitions and calculations that are required.

L ,=LN_ N

total row ¥ ube
W=N,_BS,

H=N,,BS,
Afront =LH

Total Fin Area

Ay =2LH-N,,N

tube

N, +N

tube

Total Tube Outer Surface Area

tube = (ﬂ-l) L 721) 5_ 1) tube tube
F
p
Total Tube Inner Surface Area
tubez = (ﬂl) L) tube tube
Total Surface Area
AO - Aﬁn + Atube

2.4 Overall Heat Transfer Coefficient

(2.8)

(2.9)

(2.10)

2.11)

(2.12)

(2.13)

(2.14)

(2.15)

In heat exchangers, the overall heat transfer coefficient is one of the most crucial

parameters influencing heat transfer performance. The most basics and uncertain



parameter in any heat exchanger is the total heat transfer coefficient. The total heat
transfer coefficient is calculated with the help of thermal resistances. Considering the
contact resistance and fouling factors, the equation is given in its most general form in
Equation 2.16. [9]

D
1 1 1 tn( DD ) 1 1 1

=—= + L F— (2.16)

UO AO Rt hi Ai 27z-ktubeL h() AO 770 Rt,c Rﬁ)uling

R expression is total thermal resistance.
in(2%)

1 D, 1 1 1

R =R+R+R +R,+R = —+ +—+ (2.17)

. +
hi14l' 27z.ktubeL hoAOUO Rr,c Rfouling

" hA4, (2.18)

r-_D (2.19)

’ h(JAOUO (220)

h; is the coefficient of heat transfer R. in the tube in the resistance. Area is the area of
the tube inner diameter. R, represents the tube thermal resistance. R, is the thermal
resistance of the air side against heat transfer. 4, is the air side heat transfer coefficient,

A, is the total surface area of the air side, 7, ise is the surface efficiency.

This thesis also examines the influence of condensation on the total heat transfer
coefficient during wet coil tests. It refers to Section 2.5 for a comprehensive
explanation of the methodology employed in calculating the total heat transfer

coefficient for the wet coil for the wet coil is explained in detail in Section 2.5.



2.4.1 Heat transfer coefficient of fluid side

In order to calculate the total heat transfer coefficient, it is necessary to determine the

unknown expressions in equation 2.16. A represents the heat transfer coefficient of

the fluid side in the tube. In the study presented in this thesis, it is assumed that the
heat transfer coefficient in the tube is constant. This is because the water flow rate is
not variable. The Gnielinski correlation is employed to obtain the heat transfer
coefficient. In the Gnielinski correlation, different equations are used according to the
flow characteristics. The flow characteristic is determined by the Reynolds number. In
the calculation of the Reynolds number, the inner diameter of the tube is accepted as
the characteristic length. The transition region between Re=2100 and Re=2300 is
accepted by Gnielinski. Fully developed turbulent flow is valid for Re>10000. [20]
The correlation of Gnielinski correlation in different characteristic cases is given
below. The following correlation is recommended for the flow in the tube when the

Reynolds number is greater than 10000.

LRG Pr(T') 2/3
Nu = 8 " + {1 +(d7j }
1+12.7§ (Pr(T)*" -1)

2.21)

f = (1 .8 ln(Re) — 1.5)72 (2_22)

In the case of a flow in the transition zone, the equation given in Equation 2.23 is to

be preferred.
Nu=(1=y)Nuy,,, 300 + NUyr 10000 (2.23)
_ Re-2300
7= 10000— 2300 (224)



In the event that the Nusselt number and Reynolds number are known, the heat transfer
coefficient in the tube can be calculated in accordance with the equation presented in

Equation 2.25.

i i~ D (2.25)

The heat transfer coefficient can be employed to express the convection resistance in

the total heat transfer coefficient equation.

2.4.2 Heat transfer coefficient of air-side in dry condition

In order to identify the air-side correlation in dry conditions, a fin correlation was
implemented. In order to achieve this objective, the VDI Heat Atlas. (2010) correlation

was employed.

-0.15
0.6 A
Nu =0.38Re {AIOJ Pr(T,,)" (2.26)
_ Ni ka (Tavg )
. = 5 (2.27)

The correlations presented in the VDI Heat Atlas [13] vary according to the number
of rows. Moreover, different correlations are employed according to whether the tube
arrangement is in-line or staggered. The correlation defined in Equation 2.26 is
applicable to a staggered tube arrangement. Equation 2.28 provides a general

correlation for the air-side Nusselt number.

—0.15
os| 4y
Nu=CRe,, 6{14_} Pr(T,,)" (2.28)

t,b

Table 2.1 : Air-side Nusselt number correlation coefficient.

Coil Staggared Inline
Row Count Arrangement Arrangement
2 C=0.33 C=0.20
3 C=0.36 C=0.36
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2.4.3 Fin efficiency and surface efficiency calculations

Fin efficiency is one of the important parameters in thermal performance. The highest
temperature difference for convection is the temperature difference between the
temperature at the point where the fin contacts the tube, called the base temperature,
and the fluid. Therefore, the highest value of the thermal energy emitted by the fin is

realised when the entire surface of the fin is at the base temperature.

qy qy
NNy = = WA O (2.29)
Qmax b
_ tanh(mL)
(A (2.30)

The flat-fin model will be the focus of this thesis. Additionally, wavy, louvred and
circular type fins can be utilised in fin-and-tube heat exchangers. The fin efficiency
calculation is necessary for the determination of the air-side heat transfer coefficient,
or, in theory, for the total heat transfer coefficient calculation. In order to calculate the
efficiency of the fins, the efficiency formula given for the flat fin model in the VDI
Heat Atlas must be employed [13].

The efficiency of the fin for the flat-fin model is described in Equation 2.31.

_ tanh(X)
Uf—T (231)
D, [2n,
Xz(p2 ko (2.32)
el [l — (¢ —1)(1+0.35In(p
¢ =128L | [L=02 ,0=(p ~D(1+0.35In(p)) (2.33)

0 S

The term "fin surface efficiency" is also used to refer to the total surface efficiency. In
contrast to fin efficiency, which provides insight into the thermal behaviour of a fin,
total surface efficiency is a parameter that offers a more comprehensive understanding
of the thermal behaviour. This parameter indicates the thermal behaviour of the surface

of the tube arrangement on which a fin array is placed.
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A
770:1_A_f(1_77f) (2.34)

0

2.5 Overall Heat Transfer Coefficient for Wet Conditions

Considering the ambient conditions in the cooling coil, the air with high relative
humidity is cooled when it passes through the heat exchanger. In case of cooling the
humid air, when the fin surface temperature cooled below the dew point temperature
of the air, the water vapour in it will condense and turn into liquid phase. In the tests
carried out in wet conditions within the scope of this thesis, it is assumed that the fin
surface of the heat exchanger where the experimental work is carried out is completely
wet, that is, even the highest temperature in the fin-and-tube heat exchanger is lower
than the dew point temperature of the air. In case of condensation, heat transfer and
mass transfer occur together. Condensation can occur in two different ways as liquid
film condensation and droplet condensation on the surface. In droplet condensation,
condensed water vapour particles remain as droplets instead of forming a film layer on
the surface. These water droplets that later merge can show a flow like a film layer.

The heat transfer equation for wet conditions is given in 2.35 below. U , value is the

overall heat transfer coefficient used in the wet condition unlike the equation in the
dry condition. At the same time, logarithmic enthalpy difference is written instead of
logarithmic temperature difference. The name of this method is referred to as

Threlkeld method in the literature. [21]

Q :UO,WAOAiln1 (235)
Y
Ugw = A AL (2.36)

The Threlkeld method, as described in Equation 2.37, was achieved for the calculation

of the overall heat transfer coefficient.

12



bV o
11 b, 7D, 1

=—= + — +
Uy 4 R h4 27k,L A, A (2.37)
; + s
o,w bv bv

wfp.out wf

While the calculation is based on the logarithmic temperature difference in dry
conditions, the enthalpy difference is taken into consideration in wet conditions. In
the following calculation, the logarithmic enthalpy difference is defined according to
Bump (1963) and Meyers (1967). i,m represents the average air enthalpy and i, is

the average water temperature at saturated air temperature.

m a,m r,m (238)

The expansion of the two enthalpy values, which have been defined above, is

illustrated in equations 2.39 and 2.40.[25]

] — + la,in r la,out ( a,in a ,out )‘( a,in r out)
a,m ~ ‘a,in . .
11’1 la,in - lr,out ( a,in r out)( aout r ) (239)
a,out  ‘riin
] _ l + lr,out - lr,in _ (lr,out - lr,in )‘(Za,in - lr,out)
r.m  “rout . . . . . .
ln la,in - lr,out (la,in - lr,out )(Za,out - lr,l'n ) (240)
la out lr,in

In the theoretical analysis of wet conditions, it can be observed that there are thermal
resistances that are similar to those observed in dry conditions. Gnielinski correlation
is used as the heat transfer coefficient on the tube side as in dry conditions. In contrast

to the dry conditions, the tube metal resistance and convection thermal resistance are

multiplied by specific heats that are specific to wet conditions. The 2', ', ,b'

wf',p.out

b'wf values of the coefficients are used in the calculation of thermal resistance. The

calculation of fin efficiency and total surface efficiency is applicable to both dry and

wet conditions. In the case of calculating fin efficiency for wet conditions, the

13



expression /,in Equation 2.36 is transformed into £, ,,, which is employed as the heat

transfer coefficient value calculated for wet conditions. In this case, the fin efficiency

in wet conditions is designated as 77, . It has been demonstrated that the heat transfer

coefficient in wet conditions can be 2.5-3 times higher than in dry conditions.
Consequently, the efficiency of the fin is significantly reduced. In Chapters 3 and 4,
the Reynolds number-dependent fin efficiency graphs for both wet and dry conditions

was presented.

2.5.1 Heat transfer coefficient correlation for wet conditions in coils

There are numerous studies and correlations in the literature on wet coils. The
correlation in the study published by Wang et al. (1997) is shown below. In the study,
Colburn j-factor correlation is given instead of Nusselt number. It is essential to
calculate the heat transfer coefficient according to the Colburn J-factor correlation. In
Equation 2.41, the correlation in the compatible study for the staggered tube

arrangement of 4 rows is written.

—0.168
j= 0-2977Reair_°'364{i} (2.41)
p = 19.P,
o T Tpp2/3 (2.42)

a
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3. EXPERIMENTAL STUDY

In this chapter, the experimental apparatus, the measuring devices used in the
experimental setup and the details of all experimental studies carried out in this thesis

are described.

3.1 Test Apparatus

Within the scope of this thesis, a fin-and-tube heat exchanger manufactured by Friterm
INC. and it was tested under both wet and dry conditions in the laboratory of Friterm
R&D Centre. Friterm test laboratory consists of two separate rooms. One of these
rooms is used as a conditioning room, while the other is used as a calorimetric room.
The conditioning room is where the products are tested in the laboratory without using
a fan. Cooling coil tests are also carried out in the conditioning room. The figure 3.1

below shows a wide perspective view of the conditioning room.

Figure 3.1 : Conditioning room.

Figure 3.2 shows two rooms inside the Friterm test laboratory. On the right is the
calorimetric room, where fan products such as evaporators and condensers are tested.
The room on the left side is where coil tests are carried out. This is also the location
where the thesis study was conducted. In Figure 3.2, number 1 represents the place
where the coil is placed. The coils are tested there. The image number 2 in the figure

is the mixing room, which is the point where the air passing through the coil exits. The
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room where the air flow rate is measured is showed by number 3. Number 4 shows the

air handling unit.
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Figure 3.2 : Friterm test laboratory schematic view.

The product to be tested is placed within the air duct. The nozzles allow for the
adjustment of the air flow rate. By simply opening and closing them allows for the
desired air flow rate to pass through the coil. An air sampler is placed in front of the
coil, which is completely insulated and will not be affected by the heat transfer in the
external environment. Figure 3.3 illustrates the 35 distinct points in the air sampler.
The air is collected from these points and transported to the location idenitifed in
Figure 3.2, where a temperature and humidity sensor is located in order to regulate the

inlet conditions.

f

Figure 3.3 : Air sampler.
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Figure 3.4 : This is the place where the inlet air properties is measured after
collected by the air sampler.

The temperature and relative humidity of the air inlet side are measured as well as the
inlet temperature and flow rate of the fluid side are controlled. The temperature control
on the fluid side is carried out with temperature sensors placed at the connection points,
while the water flow rate control is carried out with the help of a flowmeter. We
measure the pressure loss on the air and fluid sides using pressure difference sensors.
Once the inlet conditions of the air and fluid sides have reached the desired values, it
is advisable to wait for the test to stabilise. The tests are evaluated for equilibrium
according to the ASHRAE standards definition of thermal balance. In the test
laboratories using the air-enthalpy method, the thermal capacity of the water side and
the thermal capacity of the air side are measured separately. The difference between
these two capacities is the thermal balance. ASHRAE standards require that the
thermal balance be reduced to below 5%. This presented study continues until the
thermal balance is reduced to 5% or below. The humidity and temperature sensors are
located at the outlet of the coil and the values for the outlet side of the air side was

read.

. 15 “\ 2
Figure 3.5 : Air outlet part of test apparatus.
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The test sample is a cooling coil, and therefore it is evident that the air outlet
temperature is cooler than the air inlet temperature of the coil. It is necessary to back
the outgoing air to inlet conditions and release it into the room. The outgoing air from
the coil is transferred to the air handling unit via fully insulated tubes (see Figure 3.4).
The heaters in the air handling unit adjust the air temperature to the desired inlet air
temperature and send it to the room. As the air is heated, its relative humidity value
decreases. In the event that the humidity level of the environment is below the desired
humidity, humidifiers are employed to increase the humidity. The reconditioned air is

then returned to the room.

Figure 3.6 : Fully insulated pipes.

There are some limitations in the test conditions of the conditioning room. The
conditions of the coil to be tested were calculated in advance with FRTCoils®
software. It has been checked whether the results are suitable for the test to be carried
out under conditioning room conditions. Table 1. below shows the air and water side

limits and the capacity limits of the conditioning room.

Table 3.1 : Conditioning room test limits

Limitation Parameters Values Range
Max. Hea'tlng Anq Cooling 20 kW
Coil Capacity
Dry Bulb Temperature 0°C-45°C
Relative Humidity 20-100%
Refrigerants Type Water
Max. Air Flow 7.500 m*/h
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3.2 Test Apparatus Measurement Devices

The tests were carried out in dry and wet conditions in the conditioning room, and the
results obtained were temperature, relative humidity, air flow rate, fluid flow rate and
pressure loss data. This chapter explains where and why measurement devices are used

and the uncertainties of measurements devices.

PT100® Temperature Sensor: The air inlet temperature was measured at the inlet air
temperature sensor location with the air sampler. The outlet air temperature was
measured with the temperature sensor located at the outlet of the coil. The PT100®

temperature sensor device has an uncertainty of + 0.1 °C.

Figure 3.7 : The inlet air temperature sensor PT100® is located here.

T-type Thermocouple: The T-type thermocouple was used to measure the surface
temperature of the fin. It was used because the surface temperature and dew point
temperature are compared in high relative humidity tests, and it is necessary to make
comments about where condensation will occur on the fin. The T-type thermocouple
was used in three pieces in the test installation. The thermocouple were placed
diagonally on the front surface of the test coil, as shown in Figure 3.4. The uncertainty

of the T-type thermocouple is +1°C.
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Figure 3.8 : T-type thermocouple placed.

Humidity Sensor: The Galltec® humidity sensor is used to measure the relative
humidity at the air inlet and outlet. In order to measure the relative humidity of the air
inlet, the Galltec® humidity sensor collects the air from 35 different points with the
help of an air sampler and transmits it to the relative humidity sensor, such as the
temperature sensor. The relative humidity at the outlet is measured by the humidity
sensor located at the outlet part of the experiment apparatus. There are two humidity

sensors in the experiment apparatus.

Figure 3.9 : Galltec® humidity sensor.

Flowmeter: During the coil tests, the mass flow rate of the water side was kept
constant. The mass flow rate was controlled by a YOKOGAWA digital flowmeter.

20



Figure 3.10 : Fluid side flowmeter.

Air Volumetric Flow Nozzle: The air flow rate in the test installation is adjusted using
nozzles, which are designed to regulate the airflow. Four different diameter nozzles
are used. The nozzles, with diameters of 90 mm, 110 mm, 150 mm and 180 mm,
respectively, are opened in accordance with the air flow rate. The 90 mm diameter
nozzle is always in an open state. The nozzle is opened according to the desired air

velocity and made suitable for the experimental conditions.

=

Figure 3.11 : Nozzles for air volumetric flow.

It is essential to ensure that the system achieves thermal balance within the specified
test conditions during the test studies. The results of the measuring instruments
described above can be controlled in two ways. The first method is the laboratory
control panel. The instantaneous values of the sensors in the laboratory can be read on

the control panel screen.
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Figure 3.12 : Laboratory control panel.

Another method is the utilisation of LabVIEW software. In addition to the average
values of the results, measurements can be taken at desired intervals with LabVIEW
software. At the same time, the thermal balance expression in the LabVIEW results is
employed to ascertain whether the system has reached balanced. Figure 3.9 illustrates

the output of the LabVIEW software as an example.

Coil type Cooling Propctno Model name friterm
Order no 2023/4607-01-001 Testno Fan model
Software capacity Software dPfluid Geometry F3228-12F S
NTXNRINC 28r4x14 Length x Fin pitch 7025 TT&FT 0.32x0.12

Cold Water_ Bare Coll{Cooling) Nedes 0@ 110@ 10@ 10@ 1890
Condenser InletTemp. 0 < Condenser InletTemp. 0 <
Condenser InletTemp. 0 < Condenser InketTemp. o <
Condenser InletTemp, ) < Condenser InktTemp. ) <
Condenser InletTemp. (] < Condenser InktTemp. (] <

Unit 1 2 3 4 AVG.

Cond. Room A Inlet DB T 20.00 20.01 20.01 20.00 20.00
Cond. Room A Inlet OP T 14.24 14.53 14.42 14.41 14.40
Cond, Room Ar Qutiet DB T 12.87 1287 12.87 1288 12.87
Cond. Room Ar Outet 0P T 1287 12.87 12.87 1288 12.87
Temp. Before Nozzles T 13.37 1335 13.36 13.37 13.36
Inot Relative Humidity % 69.27 70.54 70.07 70.07 69.99
Alr side pressure drop Pa 36.87 3%.83 3%.80 %.80 %.83
Nozzle Pressure Diff. Pa 2%.35 237.08 236.47 23651 236.60
Atmospheric pressure Pa 101.031 101.031 101.031 101.031 101.031
Leavinig ar Specific Volume m3&g 0.82 0.82 0.82 0.82 0.82
Alr nlet enthalpy Kfeg 46.01 46.51 46.33 46.30 46.29
Alr outlet enthalpy Kfg 36.48 36.46 35.47 3.49 35.48
Arr enthalpy difference Kfkg 9.53 10.05 9.86 9.81 9.81
Ar mass flow kgh 4210.37 4216.95 4211.41 421171 421261
Ar volumetric flow m3h 3508.64 3514.12 3509.51 3509.75 3510.51
Fhuid volumetric flow m3/h 3.002 299 299 299 3.000
Fhuid side pressure drop KPa 6.68 6.30 6.16 6.46 6.40
Fhuid Density kg/m3 999.67 999.67 999.68 999.68 999.67
Coarse-adjustng temp. T 7.98 8.04 8.03 7.9 8.01
Cond. room unit fluid nlet terrp. T 7.99 7.98 7.96 7.95 7.97
Cond. room unit fluid outiet temp. T 11.50 11.49 11.48 11.49 11.49
Fhuid temp difference © 351 350 352 354 352
Average capacity KW 11.97 11.79 11.92 11.92 11.90
Latont capacity W 254 312 2.90 287 286
Sersble capacity W 8.67 8.73 8.70 8.68 8.69
Alr side total capacity W 1.21 1185 11.60 1154 1155
Fhuid side capacity W 12.27 12.24 1230 12.37 12.30
Thermal balance coefficient % 8.95 331 S91 6.97 6.28
Alr outlet abs. humidity akg 9.3 9.31 9.32 9.32 9.32
Air inlet abs. humidity akg 10.20 10.39 10.32 10.32 10.31
Humnidity Ratio Diff. 0.00 0.00 0.00 0.00 0.00

Figure 3.13 : LabVIEW results.
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3.3 Measurement Uncertainty Analysis

The uncertainty of the parameters temperature, air flow rate, relative humidity should
be taken into account in order to determine the performance of the studies carried out
in the experiment and to examine them parametrically. Since these values are taken
directly from the measurement results, they can be considered as direct parameters. At
the same time, the uncertainties of the parameters derived from them should also be

taken into account.

Uncertainty has been calculated using Coblentz method [26] as described in the
literature. This method uses a Z parameter directly measured or calculated in the

experimental set-up and other variables that influence this Z parameter,

w2 ) (2] (22, (2., )
821 1 522 2 623 3 82 n (31)

n

The uncertainty calculations of the measuring devices used during the experiment are

shown in Table 3.2.

Table 3.2 : Measurement devices uncertainties.

Direct Measurement Parameters Uncertanity Value
Air Temperature —PT100 +0.1°C
Air Relative Humidity +2 % RH
Termocouple +1°C
Flowmeter 0.1%
Pressure Difference Sensor 0.1%
Air Volumetric Nozzle 0.3%

The uncertainty calculation is described in detail in Annex A.

3.4 General Test Conditions

This section outlines the structural features of the heat exchanger produced for the tests

and the variable parameters on the fluid and air sides in the experiments.
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3.4.1 Test sample construction specifications

The fin-and-tube heat exchanger, which was the focus of the thesis, was made of
copper tube and aluminium fins. Table 3. shows the structural properties of the tested
coil. The S; and Sr expressions in Table 3 refer to the dimensions in the tube
arrangement of the coil. The dimensions represented by Si and St in the coil are
illustrated in Figure 3.14. In the coil with 4 rows, the number of tubes in a row is 28.

This shows that the total number of tubes in the coil is 112.

Figure 3.14 : Tube arrangement of test sample.

Table 3.3 : Geometric properties of the test coil.

Parameters Value
Finned Length 750 mm
Fin Type Flat
Tube Diameter 12 mm
Tube Thickness 0.32
Fin Thickness 0.12 mm
Tube Material Copper
Fin Material Aluminium
SL 31.75 mm
St 28 mm
Tube Count in a Row 28
Row Count 4
Number of Circuits 14

In addition, the finned length expression presented in Table 3.3 is illustrated in Figure

3.15.
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Figure 3.15 : Finned length dimension.
3.4.2 Test sample of air side and water side test conditions

Air inlet temperature was taken as 20 °C and constant for all test conditions. At the
same time, the water side was kept constant at 8 °C and 3000 kg/h. In this study, there
are 5 different air flow rates at each relative humidity value while the studies are
carried out at 30%, 70%, 80% and 90% relative humidity. The work carried out within
the scope of the thesis was carried out completely for dry and wet conditions. The tests
performed at 30% relative humidity represent the coil tests in dry conditions and the
tests performed in other conditions represent the wet coil tests. The test conditions are

given in Table 3.4 below.

Table 3.4 : Air-side and water side test conditions of the test coil.

Air Inlet Temperature 20 °C
Inlet Relative Humidity 30-90-80-70
Air Volumetric Flow Rate (m*/h)  2000-2500-3000-3500-4000
Water Mass Flow Rate (kg/h) 3000
Water Inlet Temperature 8 °C

3.5 Dry Coil Tests

Section 3.4.2 outlines the test conditions for the dry coil. At a relative humidity of
30%, no condensation is expected within the coil. Given the inlet air temperature and
relative humidity value, and the a priori assumption that these values remain constant
throughout the dry coil test, the dew point temperature is also known to be constant
and equal to 1.89°C throughout the experiment. As the water inlet temperature is 8°C,

condensation of water vapour in the air is not possible. The results of the T-type
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thermocouple used to control condensation are shown in Table 3. Table 3 shows the

experimental results for the dry coil at 5 different air flow rates.

Table 3.5 : Dry conditions test results.

Air Tempeélitrure("C) TempZ::lie((’C) Heat
Ngrfl:er \lf“?(itvmlg;rtlec {)?néﬁisjézze Inlet Out. Inlet Outlet Transfer Air Side
) suraeet) | TR TR of | T Tenn | CRUY e
Water Water
1 2000 12.4 20 10.3 7.9 9.9 6.8 9.4
2 2500 13.0 20 11.0 8.0 10.3 7.8 12.9
3 3000 13.4 20 11.6 8.0 10.5 8.8 16.8
4 3500 13.7 20 120 79 10.8 9.6 21.5
5 4000 14.0 20 12.5 8.0 11.0 10.3 26.8

The specific volume of air is calculated by equation 3.2. When the specific volume of

air is divided by the air flow rate, the dry air flow rate is obtained as shown in equation
3.3.

= p (3.2)

m,= (3.3)

By obtaining the dry air flow rate, the average specific heat of the air and water vapour
mixture and the heat capacity of the coil can be easily calculated with the temperature
differences using the formula in Equation 2.2. The heat capacity values calculated in
this way are taken directly from the LabVIEW programme and written to the test

results.

The air side pressure drops shown in the table are measured using the pressure
difference sensors described in the measurement devices section. The air-side pressure

drops are in the LabVIEW results.

Figure 3.16 shows the variation of capacity and air-side pressure drop values as a
function of air flow rate for the dry coil tests. During the experiment the water flow
rate, water and air inlet temperatures were kept constant while the air flow rate was

increased. As the air velocity increases, an increase in the heat capacity value and
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pressure drop is expected. It can be seen that the results obtained for the dry coil are

consistent with this.
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Figure 3.16 : Dry coil heat capacity and air-side pressure loss results.

3.6 Wet Coil Tests

Another part of the study for the thesis is the testing of wet coils. In this thesis, tests
were carried out at different relative humidities within the full condensation and partial
condensation ranges. The tests at 90%, 80% and 70% relative humidity shown in Table
3. are wet coil tests. The aim of the study is to investigate how the heat transfer
coefficient and the air-side pressure drop behave at different relative humidities.
Assuming that the air inlet temperature is constant at 20°C, the dew point temperature
is change as the relative humidity changes. Since there are 3 different relative
humidities in the wet coil test, 3 dew point temperatures can be calculated. According
to the results obtained from the psychometric diagram, the dew point temperatures are

given in Table 4 below.

Table 3.6 : Dew point temperatures of test conditions.

Ambient Conditions Dew Point
Temperature
Y
20 °C/%70 RH 14.36 °C
20 °C/%80 RH 16.44 °C
20 °C/%90 RH 18.31°C
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Table 3.6 shows the results of the tests at 3 different relative humidities and 5 different
air flow rates at each relative humidity. According to the value of the inlet surface
temperature in these test results, full condensation or partial condensation is interpreted
in the coil. Since the inlet surface temperature of the coil at 80% and 90% relative
humidity is lower than the dew point of the air, it is expected that the air will condense
from the moment it enters the coil. In this case, full condensation is expected at 80%
and 90% RH and partial condensation at 70% RH. Figure 3.17 shows the location of

one of the 3 thermocouples for the inlet surface temperature value.

Figure 3.17 : Fin inlet zone temperature measurement point.

Equation 2.1 is used to calculate the heat capacity of the coil. The heat capacity is
obtained by multiplying the dry air flow rate and the enthalpy differences. The
calculation of the dry air flow rate is described in equation 3.2 for dry coil testing. The
inlet enthalpy of the air is calculated in the psychometric diagram according to the
values in the inlet conditions in Table 3.3 In the psychometric diagram the enthalpy
value is plotted according to the inlet air temperature and relative humidity and is taken
as the inlet enthalpy for 5 different flow rates at the same relative humidity. Since the
temperature and relative humidity kept constant, the inlet enthalpy value do not change
even if the air velocity changes. The outlet enthalpy values are taken directly from the
LabVIEW programme used for the experimental results. The outlet air enthalpy value
can be read from Table 3.7. At the same time, the air-side pressure drops shown in the
table are measured using the pressure difference sensor described in the experimental
measurement devices section. These values are taken directly from the Labview

programme.

28



Table 3.7 : Wet coil test results.

Air Air Air Water Heat
Outlet Volumetric Esrz:rr?;c: Temperature(°C) Temperature(°C) Transfer

Entalphy Flow3 Rate Temp. Inlet Out. Inlet Out. Temp. | Capacity | = Air Side
(kj/kg) (m’/h) C) Temp. . Temp. of | Temp. of Water (kW) Pressure
of Air Air of Water Drop(Pa)

32.38 2000 14.4  20.1 11.3 8.0 10.8 9.6 9.4
33.94 2500 143  20.0 11.9 8.0 11.07 10.6 12.9
35.29 3000 14.3 19.9 12.5 8.0 11.35 11.4 16.8
36.48 3500 14.6 20.0 12.9 8.0 11.49 11.9 21.5
37.6 4000 15.0 20.0 13.4 8.0 11.75 12.4 26.8
33.57 2000 148 20.0 11.8 8.0 11.3 11.3 14.7
35.42 2500 149 20.0 12.5 8.0 11.7  12.6 20.9
36.84 3000 149 20.0 13.1 8.0 119 134 29.4
38.26 3500 154  20.0 13.6 8.0 122 142 36.1
39.32 4000 156  20.0 14.0 8.0 12.5 14.7 45.8
35.04 2000 154 199 12.3 8.0 11.8 129 16.2
37 2500 155  20.0 13.1 8.0 122 142 23.0
38.41 3000 154  20.0 13.6 7.9 12.5 15.2 30.3
39.84 3500 159 20.0 14.1 8.0 12.7 16 38.1
40.89 4000 16.1  20.0 14.5 8.0 129 165 47.2

In Figure 3.18, the heat capacity and air-side pressure drop values of the cooling coil
experiments performed at 5 different air flow rates and 3 different relative humidities
are plotted on the same graph. The results of the experiments performed at 90%, 80%

and 70% relative humidity are shown in the graph.

During the experiment, the heat capacity of the coil increases if the other parameters
except the air flow rate remain constant and only the air flow rate increases. Figure
3.18 shows that under the same conditions, increasing the relative humidity has a
positive effect on the coil capacity. While the heat capacity increases as the relative

humidity increases, the air-side pressure drop values are so small that the change in all

relative humidities can be neglected. The air-side pressure drop is more significantly

influenced by the increase in airflow than by the change in relative humidity.

A conventional method was used to measure the amount of condensation in wet coil
tests. The quantity of water condensed in the coil and flowing into a tray in five minutes
was calculated. The water in the pan was then poured into a bottle, and the mass of the
water condensed in five minutes was calculated and then converted to units of hours.

The method by which this is achieved is illustrated in Figure 3.19.

29



18 50

0
L 45
s F o--""
et & o 40
"_,—" ’,:-:_' _________ A
14 P __,-—-:'",%”
AT T 35
= o~ - 2
i -k ,/L/ R
>12 t QT - 30
§ A -7 —//_,_:/:;(’:'. -- "
° ——.’__::’/ ad
o -7 L // --@ - %90 RH Coil Capacity 25
10 - 0 z
- /,’g;"/
T --A-- %80 RH Coil Capacity 20
8 v
%:" -- M- %70 RH Coil Capacity 15
6 1 L 1 L 10
1800 2300 2800 3300 3800 4300

Air Volumetric Flow [m3/h]

Figure 3.18 : Wet coil capacity and air-side pressure loss results.

In the experimental studies carried out here, it was observed that the condensation

formed at all relative humidities is droplet condensation. Changes in the size and

amount of these droplets were observed at different relative humidities and air flow

rates. In Figure 3.20, there are visuals to examine the droplet form formed on the fin

surface after condensation as a result of the tests performed at different relative

humidities. Figure 3.20 represents the test performed at 90% RH and since the

condensation is very high, the water droplets of the condensed air are larger and clearer

compared to other RHs. Likewise, the condensed water droplets in the tests performed

30
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at 80% RH are larger than the water droplets formed at 70% RH and smaller than the
water droplets formed at 90% RH. The least condensation occurred at 70% RH as

expected.

Figure 3.20 : (a) %90 RH 4000 m*/h (b) %80 RH 4000 m>/h (¢) %70 RH 4000 m>/h.
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4. HEAT TRANSFER PERFORMANCE IN DRY AND WET CONDITIONS

This chapter explains how to obtain the heat transfer coefficient and the Colburn j-
factor of the heat exchanger. This was tested under dry and wet conditions, using both

the experimental results from Chapter 3 and the theoretical analysis from Chapter 2.

4.1 Dry Condition Performance Investigation

The test conditions for dry conditions and the geometrical characteristics of the coil
are described in Chapter 3. The performance of this study is analysed by comparing
the Colburn J-factor and Reynolds number parameters. To obtain the Colburn factor,
the heat transfer coefficient, which is a dimensional parameter, was obtained for the
air side and the fluid side. For the performance analysis of dry conditions, the total

heat transfer equation 2.3 given in Chapter 2 is used.

U, total heat transfer coefficient represents the total heat transfer equation. 4, total

external surface area is represented by. The total surface area was calculated in
accordance with the surface area formula defined in equations 2.1 to 2.7. The total
surface area of the tested coil is 55.04 m?. F’ expression in this context represents the
logarithmic temperature correction factor. Given that the heat transfer in four or more
rows of coils can be characterised as cross flow, the F factor is found to be very close

to 1. Consequently, it is considered to be constant at 1.

O expression was then taken as the average capacity in the experimental results. The
average capacity expression in the experimental results is the average of the fluid-side
capacity and air-side capacity obtained in the experimental outputs. Furthermore, A7,

is also derived from the experimental results in order to examine the total heat transfer

performance. The logarithmic mean temperature expression is defined and explained

in Chapter 2. If the U, obtained from the experimental results are substituted in the

equation to examine the total heat transfer performance, it should be noted that certain

assumptions have been made in the studies carried out to obtain it.
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1. It is assumed that the coil surface and air are free from contamination and that the

effects of fouling factor are not considered.

2. It is assumed that the system is stead-state and mathematical equations reduced in

accordance it.
3. The contact resistance between the tube and the fin inside the coil is not considered.
4. 1t 1s assumed that the heat transfer coefficient inside the tube is constant.

5. It is assumed that the heat conduction coefficients of the tube and fin materials

remain constant and invariant with temperature.
6. It is assumed that radiation transfer of heat is negligible.

7. While the calculations are based on the geometric properties of the coil, it should be

noted that tolerances in the manufacturing parameters are not taken into account.

The total heat transfer coefficient is obtained using Equations 2.21 and 2.12, as
presented in Chapter 2. The Gnielinski correlation is presented in these equations. The
Reynolds number required for the Nusselt correlation is calculated. The internal tube

diameter is taken as the characteristic length.

_ pVD,
Y7,

Re (4.1)

Among the expressions in the Gnielinski correlation, the Reynolds number is
dependent upon the velocity and tube diameter, as well as the thermophysical
properties of the fluid. In order to maintain consistency, the diameter of the tube
through which the fluid passes and the water flow rate in each experiment were held
constant. Given that the water flow rate and velocity were maintained throughout the
experiments, the Reynolds number was found to be constant, with a value of Re =
5425. It was also assumed that the inlet water temperature remained constant at §°C
throughout the experiments. The temperature of the water exiting the tube is dependent
on the capacity of the tube. However, the impact of this temperature change on the
thermophysical properties is not considered, and the heat transfer coefficient in the
tube is assumed to be the same for all experiments, with the Reynolds number and

Prandtl number held constant in the tube.
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Once the heat transfer coefficient in the tube has been determined in accordance with
Equation 2.25, the remaining unknown parameters are the air-side heat transfer
coefficient and surface efficiency. The parameter that indicates the thermal
performance of a fin in the coil is the fin efficiency. The expression that demonstrates
the performance of that surface over a fin array is the surface efficiency. A detailed
explanation of the surface efficiency and fin efficiency expressions can be found in

Chapter 2.

The heat transfer coefficient of the air-side is required to obtain the surface efficiency

(77,). Therefore an iterative solution is performed. The equation in 2.34 is used to
calculate the surface efficiency. 4, is the fin surface area, while 4 is the total surface
area. n,1s represent the fin efficiency. To calculate the surface efficiency, it is

necessary to know the fin efficiency as seen the equation 2.34. Therefore, the fin
efficiency and the heat transfer coefficient are not independent. The fin efficiency is
calculated according to equation 2.31. The X expression is in Equation 2.32. Since the
fin efficiency depends on many parameters such as heat transfer coefficient, heat

conduction coefficient, equivalent diameter, it is combined in a single expression.

The heat transfer coefficient expression in the fin efficiency equation is written
explicitly and when integrated into the equation, it is transformed into an simple
equation as 4.2. By iteratively solving the equation, the air-side heat transfer

coefficient, fin efficiency and surface efficiency were found.

D | 2h
tanh(p—2> | —%)
2 ktube§ ( 4 2)

= D, [2,
P oVk s

tube

For dry conditions, there are 5 different Reynolds numbers because it is carried out at
5 different air flow rates. Figure 4.1 shows the fin efficiency -Reynolds number plotted
at 5 different Reynolds numbers. As the Reynolds number on the air-side increases,

the efficiency of the fin decreases.

In the comparison of Reynolds Numbers shown in the results graphs, the average air
temperature was used as the air temperature to calculate the thermophysical properties.

To find the Reynolds number of the air side, the velocity at the smallest cross section
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is taken as the reference. The tube outside diameter was used as the characteristic

length in the Reynolds number formula. [13]
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Figure 4.1 : Re-7, graph under dry conditions.

Once the air side heat transfer coefficient and surface area efficiency values have been
determined, the Colburn j-factor can be defined. The heat transfer coefficient and
pressure drop performance of heat exchangers have been reported with the Colburn j-
factor at different Reynolds numbers. The Colburn j-factor is calculated from

Equation 4.5.

j=8tPr*” (4.5)

The Stanton expression in Equation 4.5 is a dimensionless expression that gives the
ratio of the heat transferred to a fluid to the heat capacity of the fluid. It also gives

information about the thermal performance of a physical state with known flow
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dynamics. The Stanton number, which is a dimensionless expression, is given in

Equation 4.6.

_ Nu
RePr

St (4.6)

If it is desired to write the heat transfer coefficient as a function of the Colburn j-factor

and the expressions are expanded in the St number;

. Nu j= h—o
/ RePr'”’ G, ;1373 (4.7)
r

a

It is written as Equation 4.7. To analyse the thermal performance in dry conditions,

the Colburn j-factor - Reynolds number plot in Figure 4.2 can be examined.
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Figure 4.2 : Re- colburn j-factor graph in dry conditions.

Studies similar to the experimental study are also available in the literature. Therefore,
this experimental study has been compared with the correlations mentioned in chapter
1. The graph in Figure 4.3 compares the Colburn j-factor obtained from the
experimental results with the correlation in Rich, D. (1973), which is the only study in
the literature with a geometry of 31.75 mm x 28 mm, and the correlation in VDI Heat
Atlas. (2011), which is one of the reference books for the calculation of fin-and-tube

heat exchangers. (Air Side R.LWebb) In equations 4.8 and 4.9, the correlation utilised
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by Rich is presented. The equations presented in Equations 2.26 and 2.27, as detailed

in Chapter 1, are employed in the VDI Heat Atlas.

J4,Rich = O 1 95Reair_0.35

J4 Ga Cp,a

Rich — Pr

a

(4.8)

(4.9)

These comparisons have also been analysed for 5 different Reynolds Numbers. The

hydraulic diameter in the reference Reynolds number calculation is the tube diameter

in all correlations. In Figure 4.4 this has been done with a similar heat transfer

coefficient.
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Figure 4.3 : Colburn J-factor and Reynolds number graph obtained from correlations

with experimental study.

38



60

---E3--- Experimental
RO)

55 [ ---x--- VDI Heat Atlas g
% L
IS ---©--- Rich's O
S so0 } Correlation @
§ - --25
S O
S 45 |
S
& 40 |

35 @

30 1 1 1 1

1800 2300 2800 3300 3800 4300

Air Volumetric Flow (m3/h)

Figure 4.4 :Heat transfer coefficient and Reynolds number graph obtained from
correlations with experimental study.

4.2 Wet Conditions Performance Investigation

The test conditions and geometric characteristics of the coil given in section 3 for dry
conditions are also valid for the experimental work to be carried out in wet conditions.
There are common points in the theoretical analysis calculations of the wet and dry
experimental studies. The Colburn J-factor and Reynolds number have been compared
to examine the performance of the wet tests. The Threlkeld method was used to obtain
the Colburn J-factor. The Threlkeld method was used to obtain the air-side heat
transfer coefficient, which is a dimensional parameter, and then to calculate the
Colburn J-factor. The Threlkeld method is based on the logarithmic enthalpy

difference in equation 2.35.

The value U, in the total heat transfer equation is the total heat transfer coefficient

for the wet condition. The surface area of the coil is the same in wet and dry conditions.
The calculation to be made using the Threlkeld method is similar to the basic heat
transfer calculation. The capacity value taken from the experiment is used as the heat

capacity value. The expression Q in equation 2.35 represents the wet capacity, which

is the sum of the latent and sensible heat in the experimental data.
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Ai  is the logarithmic enthalpy difference obtained from the experimental results, just

m

like the logarithmic temperature difference, to examine the overall heat transfer
performance. The logarithmic enthalpy difference Ai, is explained in detail in

equation 2.34.

Substituting the data obtained from the experimental results into the equation given to

study the total heat transfer performance, U, is obtained. Some assumptions have

been made in the studies carried out to obtain U, .

1. It is assumed that the coil surface and air are free from contamination and that the

effects of fouling factor are not considered.

2. It is assumed that the system is stead-state and mathematical equations reduced in

accordance it.
3. The contact resistance between the tube and the fin inside the coil is not considered.
4. It 1s assumed that the heat transfer coefficient inside the tube is constant.

5. It is assumed that the heat conduction coefficients of the tube and fin materials

remain constant and invariant with temperature.
6. It is assumed that radiation transfer of heat is negligible.

7. While the calculations are based on the geometric properties of the coil, it should be

noted that tolerances in the manufacturing parameters are not taken into account.
8. The correction factor F is assumed to be ‘1’ since it is very close to one [25].

To switch from the total heat transfer coefficient to the air-side heat transfer

coefficient, the parameters must be found in Equation 4.10.

D
b In(=2
1 _i_b‘r+”(Dl.)+ 1
Usiy R A 2a,l [ 4, A, (4.10)
o,w bwa’p’om blwf

The values b',, b',, D' b',, which are parameters that never seen in the

wf',p.out >
calculations in dry conditions, actually represent specific heats. The reason they are

shown with different indices is that the enthalpy of saturated humid air is the ratio of
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different temperatures. These different temperatures include the tube outer surface

temperature and the average fin surface temperature.

The tube outer surface temperature and the average fin surface temperature are

calculated using the basic heat transfer calculations given in chapter 2. To obtain the

b, b,, b, ..b. values, the average fin surface temperature and the outer tube

surface temperature must be calculated. 2',, b',, &' b',, calculations are given

wf',p,out

in Equation 4.12, 4.13 and 4.14 [25].

b, _ (ir,p,in,m _ir,m) bv _ (lr,p,out,m _Zr,p,in,m)
o e D (4.12)
T;’,p,in,m - T;’,m (T - ]-;",p,in,m )

r,p,out,m

Hhumidair (T:),s + 1’1) - Hhumidair (7;,3 - 1’1)

By ot =

wf', pout (To,s —I-I—To,s —1) (413)
b . .= Hhumidair (Ts + 191) F Hhumidair (TY - 1,1)
& (7, +1-T,-1) (4.14)

The values of 7, and 7, used in Equation 4.13 and 4.14 are given in Equations 4.15

and 4.16 for the calculation of the tube outer surface temperature and the average fin

surface temperature, respectively.

T it 4.15
water,average 2 ( . )
To,s = AT + Twater,average s AT = TO,S - Twater ,average (416)

The thermal resistance of the tube metal in equation 4.17 and the internal convection
resistance of the fluid in the tube have been used in the calculations. As the change in
water temperature is very small, the average water temperature is taken as the correct

value.
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L2
Rtotal = + Di (417)
h.A.  2xk,, L

P47 tube

Fin efficiency is used to determine the average fin surface temperature. Fin efficiency
is defined as the ratio of the heat dissipated by the fin to the maximum heat that can be
dissipated by the fin under these conditions. Since the heat transfer coefficient and
surface area are the same for both, the temperature difference determines the ratio. The
heat dissipated from the fin is the temperature difference between the average fin
surface temperature and the air temperature. The maximum heat dissipated is the
difference between the temperature at the bottom of the fin, i.e. the temperature
considered to be the outer surface of the tube, and the air temperature. The ratio of

these two temperature differences is also the efficiency of the fin [9].

_ LT,
M et T T, (4.18)

Since the fin efficiency is a parameter that depends on the heat transfer coefficient, the
result is obtained by simultaneous solution. Since the water flow rate is kept constant
in the fin-and-tube heat exchanger experiments carried out under wet conditions. The

definitions of the unknowns given in equation 4.10 are used, except for the term 4, ,
All parameters are related to each other to obtain the 4, , expression. Therefore, when
all equations are converted to the unknown #, , they are converted to an equation with

one unknown and solved. The method of calculating the Colburn j-factor is the same
as for dry conditions. The Colburn j-factor is obtained by using the air side heat

transfer coefficient value calculated for the wet coil using equations 4.3 and 4.4.

The graphs below show the results of the wet tests at 90%, 80% and 70% respectively.
Figure 4.5 shows the variation of the heat transfer coefficients at three different relative
humidities as a function of Reynolds number. Figure 4.6 shows the variation of the
Colburn J-factor with respect to the Reynolds number in the tests where heat transfer

coefficients were obtained.
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Figure 4.5 :Air volumetric flow-heat transfer coefficient graph in wet conditions.
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Figure 4.7 : Fin efficiency (1) and Reynolds number graph in wet conditions.

Given the absence of a study in the literature with a geometry comparable to that of
the tube arrangement of the experimental study conducted within the scope of this

thesis, it was not possible to establish any correlation.
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5. CONCLUSION

This study was considered a fin-and-tube heat exchanger with a four row and 31.75 x

28 mm tube arrangement at different relative humidities. The experimental studies

were carried out for dry conditions without condensation and for wet conditions with

condensation. For dry conditions, comparisons were made with other correlations in

the literature. Given the lack of suitable geometry for wet conditions in the literature,

no comparison could be made with the existing correlations. We have obtained results

regarding the thermal performance of the fin-and-tube heat exchanger. These results

are discussed in terms of air-side pressure loss, heat transfer coefficient and Colburn

j-factor.

In dry conditions, as the air velocity increases, the thermal capacity and air-
side pressure loss value increase. When the air velocity is doubled, the air side
pressure loss value increases by 2.85 times.

In dry conditions, the fin efficiency decreases as the Reynolds number
increases. When the Reynolds number is doubled, the fin efficiency decreases
by 6.2%.

The results of the humid and dry air tests demonstrate that the Colburn j-factor
decreases when the Reynolds number is increased. In contrast, the heat transfer
coefficient forms a completely opposite behaviour. As the Reynolds number
increases, the heat transfer coefficient also increases. When the Reynolds
number is doubled, the Colburn j-factor decreases by 30.5% while the heat
transfer coefficient value increases by 35.5%.

The dry air test results clearly show that the heat transfer coefficient and
Colburn j-factor values obtained from the experimental results are most similar
to the correlation in the VDI Heat Atlas in the literature. There was a 10%
difference at low Reynolds numbers, but this decreased to 1% when the
Reynolds number increased. In the Rich[2] correlation, the results were quite
similar at low Reynolds numbers, but when the Reynolds number increased,

the results diverged from the results.
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heat exchangers in the studies of Wang et al. and McQuiston differ
from the tube arrangement of the test coil used in this thesis. As a result,

a direct comparison is not possible.

e In wet conditions, Colburn j-factor and heat transfer coefficient

increased as the relative humidity increased. At the same Reynolds
number and different relative humidities in wet conditions, the results

vary between 3% and 10%.

e When the air side pressure loss values of dry and wet conditions are

compared at the same Reynolds number, there is an average of 71%

difference with a minimum of 56% and a maximum of 80% difference.

e Heat transfer coefficient and Colburn j-factor values are compatible

with each other. While the heat transfer coefficient value in wet and
dry conditions is approximately 2.5 times higher at low relative

humidity, this ratio increases up to 3.1 times at %90 relative humidity.
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Figure 5.1 : The graph of the colburn j-factor and Reynolds number.
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APPENDIX A

Fluid Side Capacity Uncertanity Calculation

Q:mwcp,w(T ,()_Tf,i) = IOfoCp,f(T,o_Tf,i)

O=0p; V. Cp oo Ty ,5 Ty,

e, V(e e, e V[ o
@_\/{% W] {(’Wf WV] {5@% WC"J {6@,0 —E»,i)%"”] { a(rf,o—@,,-)%‘WJ

Air Side Capacity Uncertanity Calculation

Q = mu Cp,a (T;z,o _Ta,i) = pal/acp,a (]—;,0 _T:z,i)

Q:Q(pa‘)l/a‘)cp,a’]:z,o’ a,i
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Fluid Side Capacity Uncertanity Calculation

V.D,
Re=—"

Vf

Re=Re(V,D,,v,)

2
ORe ORe ’ ORe ’
Re=||—w, | H——w, | H—Ww,
ov, oD - ov,

Air Side Reynolds Number Uncertanity Calculation
v

Re_ air,max o

Vv

a
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Rea = Rea (V:zir,maxDo > Va )

ORe, ’ ORe, ’ ORe, ’
Re = w, | + w, | + w,
a‘Va ai aDl i a Va a

Fluid Side Uncertanity Calculation

Nu=

fRefPr(T) PRNE
8 + 1+(—"j

fO.S
1+12'7§ (Pr(T)*”> -1)

Tablo 4.2-1 : Uncertanity Values.

Calculation Parameters Avera\%zlgen(co/e(:)gtamty
Fluid side Heat Capacity 2.26
Air side Heat Capacity 5.26
Fluid side Reynolds number 2.06
Air side Reynolds number 3.2
Overall Heat Transfer coefficient 2.6
Fluid side heat transfer coefficient 2.3
Air side heat transfer coefficient 3.6
Colburn j-factor 3.4
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