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ABSTRACT

Gearbox manufacturers put some of their effort to reduce noise and vibration
radiated from gearboxes. Previous research has shown that noise radiated can be
related to many parameters, but transmission error and dynamic bearing forces are
considered to be the exciters of the system and the source of noise. In the OSU
GearLab a number of finite element and lumped models have been created ranging
from nonlinear time variant (NTV) to linear time invariant (LTI). In three dimensions,
finite element models require intense computational effort if contact mechanics are
considered. The objective of this thesis is to solve numerically the nonlinear
differential equations of motion of a geared shaft system in time domain, and combine
this solution with the contact solver of LDP in three dimensions. In the case of
optimized gear sets, this analysis is expected to become important, and may lead to
self-excited vibrations. The friction force, runout and backside contact are included in
the thesis and consequently in the computer program. The results of this numerical
analysis are compared with Calyx and DYTEM, time domain solvers, which

reportedly agree with experiments
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CHAPTER 1

INTRODUCTION

1.1 Introduction

The field of dynamics of gears is at a high level of maturity in terms of two
dimensions that are most appropriate for spur gears. Accurate dynamic factor and load
distribution studies have been conducted with various numerical computer programs
specialized in gear contact analysis. The problem, however, becomes computationally
intense when three-dimensional finite element dynamic analysis is required, although
static analysis can be performed with reasonable computational effort. Analytical tools
have been developed for the two and three-dimensional problem that helps the
understanding of the problem. In this chapter the tools for dynamic analysis are
reviewed to lead to a way for the intended analysis, and motivation behind the

research is given.

1.2 Literature Review

1.2.1 Dynamic Factor

The actual tooth load on gear teeth can be considered in two basic components,
namely the static and dynamic component. The main concern is the dynamic factor,
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which is the ratio of static load and dynamic load, depending on the gear accuracy and
speed of the system. This factor can also be formulated as the ratio of stresses to give a
better design guideline as shown by Harianto [7]. Consequently, the maximum
allowable stresses can be modified for the dynamic factor. Expressions for dynamic
factor do not involve loading, inertias, or other specifically system dependent
parameters. They are usually functions of pitch line velocity, and the quality of the

gears. An early expression for the dynamic factor is:

78
DF = [———— 1.1
78+x/\7 (1)

Where V is the pitch line velocity in fom. A detailed study of dynamic factor can be
found in the study by Houser and Seireg [3]. Even though derivation of dynamic
factors can be from simple vibratory models, they are generally empirical or semi-
empirical. The most recent formulation suggested by AGMA incorporates the gear
accuracy in the dynamic factor.

1.2.2 Tooth Compliance Models

The second approach to determine a dynamic factor is to use a vibratory mathematical
model that employs Newton’s Laws of Motion. Many kinds of models are possible
such as lumped parameter, finite element, and continuous system having different
levels of complexity. There has been research and a large number of publications in
vibratory modeling of mating gears. A comprehensive review of models that have
been used by researchers are presented in the work by Ozguven and Houser [1]
Simplest models start treating the compliance of the teeth, as a spring element, and
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inertia of the gears. This simple model can be either translational or rotational,
depending on how the compliance element is chosen. Dynamic response of gears is
due to external excitation and internal excitation. The internal excitation exists
because the tooth compliance varies with number of teeth in contact; this excitation
frequency is at “mesh excitation frequency”. Usually this parametric excitation is not
at a single frequency, but can be expressed as a combination of frequencies from
Fourier expansion. Therefore, higher harmonics also excite the system. On the other
hand, the resonant frequency is a result of the compliance of the mesh. Again the
compliance is not a pure sinusoidal wave. This results in superharmonics and
subharmonics in resonance. Aida et al [13] studied the one DOF model with the
varying mesh stiffness to get unstable operating regions. They investigated effects of
gear parameters on noise, and pointed out that the noise generating mechanism is
complex, requiring a more complex model than a single DOF, possibly a three
dimensional model. The reduced model is also studied by Ozguven and Houser [2] to
obtain predictions for mesh force and dynamic transmission error. Computational
results were compared to experiments for dynamic factor and found to be in
reasonable agreement. The program is named DYTEM and later incorporated in LDP
by Harianto [7], so that the dynamic root stresses can be predicted.

1.2.3 Gear Dynamics Models

The simplified model does not take into account the bearing compliance, shafts, and
other system parameters. The reliability of the results provided by the simple model

depends on the level of coupling between other components. The need for modeling



bearings and shafts arises if the dynamic coupling is considerable, because the
parametric mesh excitation may also excite bearing and shaft modes in that case.
Therefore, a more general vibratory model should include translational bearing and
torsional shaft compliances and inertias. There is another effect introduced if the
bearings are considered in the model. Bearing displacements, or in general, any
displacement that changes the meshing parameters, changes the expected load
distribution, mesh stiffness, and transmission error. This is the second motivation for
modeling more components of the system. Also it should be pointed out that this effect
is independent of dynamic coupling, so that it can be treated as a static problem.
Several researchers have modeled bearings and shafts. Kasuba [10] developed a
computation method for solving dynamic loading and compared the results with the
AGMA dynamic factor. The instability of the equations has been studied and was
concluded that although the undamped system is not stable for some speeds, damping
makes it stable. The AGMA factor was found to be conservative for high-speed, high
accuracy gearing. Kasuba [9] and Evans [11] have modeled a gear pair with the
torsional shaft deflections. They also developed a scheme for evaluating mesh
stiffness and incorporated the profile modifications. An iterative procedure was used
to solve for contact and load sharing of spur gear teeth, similar to LDP, whereas
equations of motion are solved by Runge-Kutta method. This program also involves
variable mesh stiffness. Procedure-wise, their implementing of the equations of
motion is similar to the work that is carried out in this thesis. Their results show that

the vibrations can be coupled, and also torsional compliance can be used as a means of



reducing vibrations. In addition, they point out that contact ratio is another important
parameter, and higher it is lower the dynamic loads.

1.2.4 Geared Rotor Dynamics and Flexible Shafts

Furthermore, a three-dimensional shaft model allows locating bearings at a distance
from the gear. This is suitable for a more generalized system because shaft
displacements do not necessarily result in a transverse displacement at the gears. It
should be pointed out that bearings are not the only elements that deform. But shaft
deformations cannot be neglected if they are long and thin enough. This results in a
center distance error and misalignment in addition to the same errors caused by
bearing deflections. It is conceivable that some shaft modes can couple with gear mesh
vibrations. For further generalization of the system being modeled, considering shaft
flexibility in the transverse direction may also be helpful. This way, a three-
dimensional model also allows rocking motion due to uneven bearing deflections,
even if whirling is not critical. lida and Tamura [15] showed this case, that transverse
and torsional vibrations are coupled although gyroscopic effects are not taken into
account. Furthermore, at high speeds of rotation, it is necessary to consider whirling of
shafts because it introduces instabilities that may be important in some cases.
Experimental work of translational-torsional coupling at high speed of a geared rotor
system is studied by Seireg [14] and an approximate expression for whirl frequency
for the gear pair was given. Three-dimensional motion of gears is of particular interest
because LDP handles load distribution in 3-D. If bearings are at a distance from the

gear, or their stiffnesses are not equal, for an accurate 3-D load distribution output it is



possible only if the positions of gears are known. In other words, the capability of
LDP would be wasted and the 3-D load distribution results will be useless in this case.
Blankenship and Singh [6] developed a three dimensional gear mesh model. The
model is six DOF, and the load distribution can be evaluated to account for moments
developed in the gear mesh. Velex and Cahouet [12] developed a load distribution
program and modeled shafts as Timoshenko beams in three dimensions. They used the
model to predict friction force excitation and compared the results with an
experimental setup.

Vibrations of gears can be reduced with compliant supporting shafts. Either numerical
techniques such as finite element or analytical expressions from continuous system
dynamics are applicable to the problem. The complexity of models can be increased
depending on the system being modeled. Kahraman et al [16] developed a finite
element model including torsion and flexibility of shafts, translation of bearings and
used a constant mesh stiffness. Effect of shaft and mesh parameters on mesh force

were studied.

1.3 Motivation

The gear contact problem can be approximated with simplified elements when the
accuracy of the contact is far more less than the dynamic response. However, the
precise load distribution is required if modifications are applied so that the dynamic
response is predicted to be relatively low. In addition, the three-dimensional problem
also depends on the load distribution since moments are introduced apart from mesh

forces. The existing LDP is a fast numerical computer code that allows accurate load



distribution analysis in three dimensions, hence making it a valuable tool for
evaluating the mesh properties. The aim of this thesis is to convert LDP into a
dynamic load distribution program by utilizing equations of motion for geared shafts.
This tool can allow the characterization of exciters to gear dynamics problem other

than the well-known transmission error excitation.

1.4 Outline of Thesis

First, several models for the gear dynamics problem without explicit discussion of the
mesh forces are formulated in chapter 2. Chapter 3 collects the forces and moments
arising from the contact problem and incorporates them in the models developed. In
chapter 4 the solution method is discussed. Chapter 5 presents some comparisons and
results from the program. Comparisons with other models and excitation from
parameters other than transmission error are discussed. In chapter 6 conclusions and

recommendations for future research is presented.



CHAPTER 2

DYNAMIC MODELS

2.1 Introduction

In this chapter the problem of modeling of a gear pair is explained and some methods
to solve the problem are reviewed. The details of the gear mesh are ignored and a
solution for the rest of the system is sought. After a suitable approach is decided upon,
mathematical relations are derived for four different models that have different levels

of complexity and assumptions.

2.2 Model for Tooth Compliance

A simple dynamic model for a gear pair consists of two rotational inertias,
representing the gears, and a spring, representing the compliance due to meshing of
the gear teeth. This model assumes that the torsional vibrations of the mesh are
uncoupled from any other transverse or torsional mode of the remaining system. This
assumption holds for physical systems that have distinct natural frequencies, to some
extent. In this model, the aim is to study the parametric excitation that arises from
varying numbers of teeth in contact and profile errors. Figure 2.1 shows the model that
is used to derive the equations of motion. The equations of motion are:

8



IPéP =Tp = Fresnlp @.1)
IGéG = I:mesh'rG _TL .

Figure 2.1. Simple dynamic model of a gear pair.

This 2 DOF system can be reduced to a single DOF system, eliminating the rigid body
motion which results in a model that excitation can be visualized very easily.
However, it is desirable to keep track of the rigid body motion also, to consider
position dependent meshing parameters. In order to continue developing equations,
mesh force is expanded as the spring force, although, the mesh force generation
depends on load distribution and other factors. For the purpose of determining the

mesh natural frequency, taking c, =0, e=0, and constant mesh stiffness, mesh

force, ignoring the damping, can be written as:

I:mesh = km -TE (22)

9



Where transmission error is defined as translational displacement,
TE=05 -1, -0, -1, (2.3)
Substituting these into (2.1), the equations of motion in matrix form are:
. 0 Q:P . K, T’ _km.rP;rG () _(To 2.4
0 IG 9@ _km’rP'rG km'rG HG _TL

Assuming the solution to be harmonic: ® =@-e"”*, and substituting for 6, we get the

algebraic equation for the natural frequency:

o' Ny dg =0 (Ig Ky 17+ 15 Ky o 157)=0 (2.5)
Solutions are @ =0, and
2 2
a):\/km.le-rp 1,1, 26)
Iy - lg

Meq = 2 2 (2.7)

It is possible to include the displacement excitation and damping at the mesh with a

single DOF model of the form shown in Figure 2.2.
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Figure 2.2. Equivalent SDOF translational model of gear mesh.

To keep track of position dependence of mesh properties, equations of motion for the
2 DOF system (2.1) is used in the solution of this gear pair model. But this single DOF
model can yield information regarding the time varying properties of the mesh, such
as dependence of mesh stiffness on number of teeth in contact, separation due to
backlash and backside contact. As long as angular position of the gears is known, it is
possible to consider effects of profile and lead modifications, runout, and spacing
errors. The friction force can also be obtained depending on individual tooth loads,
and the resulting moment from friction force can be added to the mesh force.
Generation and application of some of these forces to dynamic models are discussed in

the next chapter.

2.3 Model for Gear Dynamics

For the purpose of more general modeling of a gear pair, researchers have included
bearings on which gears are resting, and torsional flexibility of pinion and gear shafts.
In case the natural frequencies of the system are close to the mesh natural frequency,

that particular element should also be modeled for accurate results. Most of the time

11



bearing modes couple with the mesh mode, and torsional stiffness of the gear carrying
shaft may couple with the mesh if the shaft is short and thick enough. The two
dimensional model of a gear pair in the previous section can be extended to include

lateral bearing housing, shaft, and torsional shaft compliance.

Figure 2.3. Geared shaft model with torsional stiffness and bearing.

Figure 2.3 shows a schematic of the extended model. Here, a single bearing stiffness is
considered, the bearings are assumed to be just under the gears. In practice it can be
assumed that this stiffness value is the combination of stiffness of bearings if more
than one bearing exists. In the same way, the compliance of multiple shafts of various
geometries can be added, and the inertia of these shafts can be shared between gears

and drivers. This model, should predict the coupling effect between gear mesh,

12



bearings, and load and drive shafts. In addition to that, there are issues even if there is
no considerable dynamic coupling to mesh with any of those:
The center distance variation due to bearing deformation can be important in load
distribution analysis and the mesh stiffness itself. That is; the bearing vibrations
may be uncoupled but gears may operate at a greater center distance because of
bearing deflections, consequently, decreasing the mesh stiffness, total contact
ratio, and parametric mesh excitation.
Similar to this, when taking into account the friction forces, the deceleration of the
complete system will be determined by the drive and load inertias. It is also true
when a speed runup or rundown analysis is desired.
Bearings and drive & load shafts can end up in transient vibration when there is
repeating separation and contact of gear teeth. This rattle condition may happen
near mesh natural frequency if there is enough backlash and the driving loads are
light.
Equations of motion for this model can be derived as:
oG =To ~ko (8 ~0,)~Co -0, ~ 0,
1.6, =Ky - (6 =65 )+Cp -(éD —ép)— Fror - To
1605 = Foen 1o —ky (05 —0,)-c, (0 - 6,)

(2.8)
ILéL = kL '(GG _eL)+CL (HG _éL)_TL

Mg - Xg = Fmesh - kGB "Xg —Cgp " Xg
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These equations are used in the computations, but for modal analysis using (2.2), and

(2.3), equations can be written in matrix form.

I, 0 0 0 0 0)/(é4 ko —kp 0 0 0 0)(6) (T,
0 I, 0 0 0 0|6 | |-k kptkyle® —KyTe:te 0O 0 0|6 0
0 0 Ig 0 0 0|4 L0 ke Kok, e’ ~k. 0 0|6 |0
0 0 0 I, 0 0|4 0 0 0 ke 0 0|6 | |T,
0 0 0 0 m O0|]|x, 0 K, -To —k, -1 0 keg O ||X% 0
0 0 0 0 0 mg) X 0 -k, 1 -k, - rg 0 Kea ) \ Xg 0

Since this is a 2 dimensional model, rotor dynamics are ignored. So that the rocking
motion of the gears, effects of misalignment on load distribution due to shafts are not

considered. A three dimensional model is needed for these effects to be handled.

2.4 Model for geared rotor dynamics

At high speeds of rotation, proper models should include rotation and translation of
shafts in three dimensions. Whirling of shafts becomes a significant problem at high
speeds independent of the application. Even if gyroscopic effects are neglected in a
certain problem, there exists research [15] that shows transverse vibrations are coupled
with torsional vibrations. Here, it is assumed that shafts are rigid, but they are
supported on two flexible bearings at each shaft. The formulation of forces and
displacements are in vector form, therefore, it is possible to place bearings and gears
either centered or overhung. This 3-D rigid shaft model replaces the gear pair and
bearings in the previous model, but the drive and load modeling remains the same. So
that, gyroscopic effects are taken into account between gears and where bearings are

mounted. The rest of the system is treated as only torsional.
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Figure 2.4. Schematic of rigid shaft model. Only pinion shaft is shown.
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Figure 2.5. Bearing and damper positions for the rigid shaft model. Bearings are fixed to
the housing.
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Figure 2.4 shows the free body diagram of a geared shaft. The other gear is modeled in
exactly the same way.

Figure 2.5 shows the bearings and how they are attached to the housing. Equations of
motion are derived for only one shaft, and it is applied to the other gear. Some
definitions are:

E: A fixed point on the fixed reference frame. Selected to be the bearing position
where it is attached to the housing for simplicity.

O: Center of mass of the geared shaft.

EO: 1, Location of mass center of the geared shaft.

EF: ¥ Relative distance between two bearings. This distance is fixed.

ER: A Right bearing displacement vector.

FL: & Left bearing displacement vector.

OR: 7 Distance to the right bearing location with respect to center of mass.

OL: p Distance to the left bearing location with respect to center of mass.

OC: Distance to the center of the gear with respect to center of mass.

OP: 7 Relative distance between point of contact of gears and the center of mass.

Let {Ei} be the fixed frame of reference.

16
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=

Figure 2.6. Coordinate rotation.

a) Rotate {E;} an angle &about E;.
b) Rotate {e/}an angle ¢ about e/
c) Rotate {e/}an angle g about e,
Generalized coordinates for rotation are chosen as 6, ¢, . And for translation, right
bearing displacements are used A1, A2, Az being in the fixed reference frame {Ei}.
Here 6, ¢, and p are variables that are to be solved. Misalignment of shafts can be
added to these angles as constants as 6n, and gnmAngular velocity can be written as:
w=0E +de/+ e, (2.9)
The inertia tensor is:
J=|1, 1, 1,y (2.10)

|31 |32 |33 ei

And the general form of a stiffness tensor for a bearing is:
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k1l k12 kl3
kK=1ky Ky Ky (2.11)
kSl 32 33 Ei
Balance of angular momentum is:
H=J 04|, +oxJ-©o ,H=M (2.12)

Where @,, is the relative angular acceleration of the rotating basis{e;}, and it is
obtained by taking the time derivative of the angular velocity, and converting to {e,}

basis.

The total moment acting on the pinion shaft is:

M=M

Gear + I\7IShaft +7 X IfG + 7T X IERB + px IELB (2.13)

ear

Bearing forces Fqg, F; can also be expanded as:

T
Il

RB

k
LB kLB ’

RB

(2.14)

T
Il
S ['>¢

Combining (2.12) and (2.13), the balance of angular momentum is written in terms of

unknown angles and displacements is:

+oxd-w=M +I\ﬁ5haﬁ+f><FGear+7?><(kRB~5)+,5><(kLB~5) (2.15)

J-o e Gear

rel
In the same way the sum of forces is written as:

F=Fep +Keg Atk -6 (2.16)
Balance of linear momentum is:

cm

18



However, both ., & are unknowns and they should be written in terms of the

generalized coordinates. From Figure 2.5
. =A—7 (2.18)
And,

S=A-7+p-7 (2.19)
Using these, the 6 equations of motion can be finalized as:

3 ogles +®x 30 =Ny + Mg +7 % Fagyy + 7 x (ke - &)+ pxlkis -(A-7+5-7)]  (2.20)

Hence;

m-(Z—)?):F

s + K Atk A7+ p—7) (2.21)
These equations need to be written in open form and solved for the generalized
coordinates. The open form and the solution is given in Appendix A.

Taking the shaft as rigid is the main assumption of this model. It is possible to have
more compliance in the system due to the translational flexibility of the shaft.
Moreover, gyroscopic effects can be coupled with translation of the shaft. Another
assumption of this model is in the calculation of reaction forces of the bearings. All
bearing deformations are assumed to be on the fixed reference frame, which is the
housing. So that if the shaft has an angle to the housing, the stiffness matrix

decomposes the corresponding displacements in the fixed reference frame and react

accordingly. This assumption may hold for small angular displacement of the shaft.
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2.5 Model for Flexible Geared Shaft

The aim of using a flexible shaft model is to consider the possible coupling between
shaft modes and the gear mesh mode. A rigid shaft assumption in the previous model
may not be valid in some cases. Furthermore, a flexible shaft model can predict
misalignment due to shaft deflection even though there is no dynamic coupling. If this
is the case, this model acts as a static deflection model of the shafts.

A flexible shaft can be modeled by finite element methods, or as a continuous system.
Previously, the gears and bearings were modeled as a lumped parameter system.
Because of this, computational procedure is chosen to be the numerical integration of
equations of motion using Runge-Kutta method, as discussed in chapter 4. This choice
limits the solution techniques for the flexible shaft, because a simultaneous numerical
solution of the complete system is desired. Therefore, equations of motion involving
partial derivatives of time and displacement are used. In fact this problem is a
boundary value problem with numerical boundary conditions and forcing from gears.
Having a predetermined time step from Runge-Kutta method, a semi-discrete solution
is necessary. This needs discretizing the PDE in space, but leaving the time variable as
continuous. This approach results in a system of ODEs, which can be included in the
lumped parameter equations of motion from the gears and bearings. Although this
method divides the shaft in discrete points, the result is not a series of corresponding
masses and springs, because resulting equations are coupled through the PDE from
mechanics of materials.

The Euler equation for a beam with mass of the beam can be written as:
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oty 9%y _

El —+m = f(xt 2.22
2*x ot (1) (2:22)
With boundary conditions:
d?y d®y
M = =k -0,V = =0 2.23
dx? dy? (2.23)

where E is the modulus of elasticity of the shaft material, | is the moment of inertia of
the shaft, m is the mass per unit length of the shaft, M is the moment, V is the shear at
the boundary condition, k; is the torsional stiffness at the boundary condition, and f is
the transverse force applied on the shaft at a specified position x and time t.

The fourth order central difference equation approximates the fourth derivative as:

4
oy ~ yi4 :hill'(y”z 4.y, +6-y, -4y + Yi—2)+o(h2) (2.24)

Third order central difference equation approximates the third derivative, after

successive use of Taylor Series expansion as:

2%y 1 3

—Lryl=—

% h g (yi+2 —2-Yia+2-Yi, - yi—2)+o(h2) (2.25)

Similarly the second order central difference equation is:

%y o_ 1 2
E"‘yi :F'(yiﬂ_z'yi +Yi_1)+o(h ) (2.26)
Ati=1:
1 d2Y1
Bl (s~ 40y, 16y 4o by Jem 2= () (2.27)

1 d?
El ~h—4-(y4 —4.y, +6-Y, —4~yl+y0)+m2~ Y2 _ f,(xt)

(2.28)
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This is the equation of motion at i=1 and i=2, but there are two unknown points yo,
and y.1 which does not have a physical meaning. They are eliminated using the

boundary conditions.

2.6 Summary

Four different mathematical models for dynamic analysis of a gear pair are developed.
The model for tooth compliance consists of two rotary disks. The model for gear
dynamics includes the torsion of shafts. The model for geared rotor dynamics includes
the three dimensional motion of the shafts, and the flexible shaft model considers the
bending of the shaft. The assumptions and physical cases where each model might be
appropriate are stated for these models. The equations of motion resulting from basic
Newtonian mechanics are developed for these models. All four models are used in the
LDP. However the model for the forces developed in the gear mesh is not

investigated. This is the topic of the next chapter.
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CHAPTER 3

GEAR MESH MODEL

3.1 Introduction

A gear pair encounters resonance close to the torsional mesh natural frequency.
Because the main purpose of this thesis is to obtain a three-dimensional dynamic load
distribution of gear teeth, properties of the mesh become indispensable. In the
previous chapter the properties of the mesh are not investigated, but stiffness is
assumed to simplify the models. This chapter is intended to study the forces developed
in the gear mesh and to put the model into a form so that it can be combined with the

models developed in chapter 2.

3.2 Review of mesh force

Many dynamical models are developed to analyze gear pairs and most of them employ
a precalculated stiffness for the gear mesh such as the DYTE code [2], and the
research by Harianto [7]. Parker et al [5] and Ozguven and Houser [2] has shown that
the precalculated stiffness approach agrees well with experiments and finite element

analysis.
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However, it has been shown that a model with a simple stiffness value for the mesh
neglects a number of excitations because; most of the time, number of teeth in contact
changes, which is one of the major reasons for the total deflection to change.
Therefore, if an equivalent mesh stiffness is obtained, one finds it varying with angular
position of the gears. Position varying stiffness in a system usually has more than one
resonant frequency because it is possible to represent the excitation as multiple
harmonics. Thus, at integer multiples of natural frequency, there is resonance
Deflection due to meshing is also because of profile and lead modifications and other
geometrical features such as spacing errors and runout. These errors act as an
excitation to the system causing forced vibration response analysis necessary for these
inputs. The aim here is to find out the generating mechanisms of forces arising from
meshing that affect dynamic analysis. Statically meshing force is constant, but
deflections and TE (Transmission Error) are functions of:

e Tioad (Load Torque): Load torque applied to the gear pair,

e [ (Roll Angle): The angular position for the contacting teeth in a mesh cycle,
which is also referred as POSCON number.

e CDerror: Center distance error,

e ¢, ¢ (Angular Misalignment): The misalignment in two possible rotational
degrees of freedom excluding rolling, which may be due to mounting or shaft
and/or bearing deflections.

There are many other gear and material parameters, but the above ones vary in time if

a dynamical analysis is done. In addition to a mesh force, there is also a reaction
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moment if a misalignment exists. Therefore, the output from a mesh can be listed as a
force and a moment;

e M:,Mz: Moments in three dimensions, other than driving moment,

e Fmesh: Meshing force acting in the line of action.

o Kmesh: Mesh stiffness that relates the meshing force with transmission error.
It is realized that the transmission error is not a pure function of mesh stiffness

because deflection of gear teeth is nonlinear.

3.3 Model for Mesh Force

For the purpose of modeling, it is necessary to express the mesh as a spring and a
displacement excitation. Some previous models used the displacement excitation as a
representation of gear errors. That approach assumes, in case there are no
modifications, the transmission error is given by the spring deflection. This is an
approximation because of the nonlinearity of mesh stiffness. In other words, not all
deflection is because of mesh stiffness change, but because of nonlinearity in base
rotation, shear, translation, and Hertzian deflection. To clarify the use of stiffness and

displacement excitation consider the simple dynamic model of a gear pair.
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Figure 3.1. Model of tooth stiffness for dynamic analysis.

Equations of motion for the above system are:

ép e =Ty _(ep Ty —05 - Tg _e)'km e

bs g =T, +(0, Ty =6 T —e)-k, T
where transmission error is defined by:
TE=6, -1, -0, Iy
At static equilibrium:
TE=STE,and §, =0, 6, =0
Then:

TD

=0y 1, — 0O T, —€

Using (3.3):

TD
-,

e =STE -

m
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Here the displacement excitation e represents both profile errors, and gear errors in
general, and nonlinearity in displacement. By this way, the equilibrium point of the
gear pair in terms of transmission error is the static transmission error. This would be
an expected result because if suddenly rotary motion of gears were stopped, the

vibrations will die out and come to equilibrium at static transmission error.

Substituting (3.5) into (3.1) where &, # 0 gives:

Op 1o =Tp = Freen - o

) (3.6)
HG ’ IG :_TL + I:mesh Tg
Where meshing force is given by:
TD
Fresh =| 0p -1, =0 -Tg —STE + -k, (3.7)
Ky - To

Equations of motion can be simplified further as (3.8). This kind of approach is
employed in [2] and the computer code DYTEM developed with the paper.

G -1, =(STE-TE)-k,, -1,

R 3.8
O -1g =—(STE-TE)-k,, -1y (38)
However, this reduction is possible if load varying stiffness and static transmission

error change is neglected. That is: k, =k, (F,..), and STE = STE (F, ). Here Fmesn

m
is the dynamic loading. Mesh stiffness and force are dependent on dynamic loading
because the deflection of gear teeth itself is nonlinear. Predominantly Hertzian contact
tends to get more compliant with increasing loads. In addition, a decreased loading in
perfect involute gears can cause a decrease in contact ratio, which changes the general

shape of both mesh stiffness and static transmission error. These dependencies are not
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very amplified in perfect involute gears excluding the possibility of corner contact,
and therefore can be ignored. But when optimized profiles are of concern, the peak-to-
peak value of the dynamic transmission error might vary considerably from the static
transmission error. Figure 3.2 and Figure 3.3 show the transmission error and mesh
stiffness dependence on torque and roll angle. This gear pair is optimized for 1660 in-
Ib, so that at that torque value, there is a very small peak-to-peak transmission error.
Also, due to corner contact, the increase in contact ratio with higher loads can be seen
from mesh stiffness values. Although at static analysis peak-to-peak transmission error
is almost zero, dynamically this may not be the case. Because an increase of loading
due to dynamical effects can change the mesh stiffness values, and the POSCON at
which the number of teeth are in contact. Also dynamic loading can affect the
transmission error, because the gear pair may not be running at the optimized torque
always and this instantaneous torque can change deflection of the shaft. If the torque
dependence is taken into account, then (3.7) needs to be modified so that the

deflection is not double counted.

= :(2-9F,-rp—2-9G T, —STE+kT'.°r )km
P

m

(3.9)

TE=2-0,-1,-2-0g Iy

Mesh deflection is from STE and Kmesh both. Hence resulting TE is double the actual

value, which is compensated in (3.9).
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Figure 3.2. Transmission error variation with mesh position and torque for an
optimized gear set for transmission error at 1660 in-Ib.
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Figure 3.3. Mesh stiffness variation with mesh position and torque for an optimized
gear set for transmission error at 1660 in-1b.
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Figure 3.5 and Figure 3.4 show mesh stiffness variation and transmission error for a
perfect involute gear set, which is the unmodified version of the previously discussed
set. It can be observed that the mesh stiffness variation is almost negligible with load
torque. So that dynamic loading is unlikely to change mesh stiffness. Also
transmission error varies less than that of the optimized set. Therefore, unmodified
gear sets are not expected to show different results whether STE and Kmesh dependence
are evaluated or not. But, STE and Kmesh dependence are expected to change the

response of the optimized sets.

tesh Stiffness Variation
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Figure 3.4. Mesh stiffness variation with mesh position and torque for a perfect
involute gear set.
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Figure 3.5. Transmission error variation with mesh position and torque for a perfect
involute gear set.

For the program developed (3.7) is used with the instantaneous values mesh stiffness
km and static transmission error STE, which are obtained from LDP subroutine. It can
also be viewed as the linear spring damper model with the cam excitation defined as in

(3.5).

3.4 Summary

A qualitative discussion of mesh force in gears is given. An equivalent vibratory
model is used to approximate the mesh force using given results from experiments or
LDP. This model is suited in the previous models developed in chapter 2 for the gear
pair and combined to form a complete model. The procedure in combining the mesh

model along with the vibratory model and solution is given in the next chapter.
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CHAPTER 4

IMPLEMENTATION IN LDP

4.1 Introduction

In this chapter a short review of the approach of the Load Distribution Program (LDP)
is given and a method for implementing the previously developed dynamic models in
LDP is discussed. A solution method for the equations of motion in the time domain is
sought in connection with LDP. In addition, friction, shuttling force and moment are

studied.

4.2 Review of LDP Analysis

The load distribution calculation of a gear pair in LDP is based on the analysis of
general elastic bodies in contact by Conry and Seireg [4]. The first step is the
calculation of possible contact zones using the geometry of the gears. Possible contact
zone is divided into discrete points. Depending on the driving torque, a constant total
meshing force is required. The mesh deflection is required to obtain the load
distribution. The deflection in the contact zone satisfying the load is iterated until the
deflection from influence coefficient matrix satisfies the separation constraint. The
influence coefficient matrix is also referred to as compliance matrix and it specifies
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the deflection for each contact point due to a force at any point. Therefore, forces at
discrete contact points are calculated, and they constitute the load distribution on gear
teeth. A study involving the base rotation and deflection of gears has been conducted
by Yau [8] and this approach was incorporated in LDP analysis. Another output is the
transmission error, which is the total rigid body motion of the gear set due to
deflections of gear teeth and gear body. Any profile and lead modifications are treated
as initial separation in contact analysis. The rigid body deflection comprises three
parts:
1) Hertzian Deflection
2) a) Tooth Deflection due to Shear force

b) Tooth deflection due to bending moment
3) a) Base Rotation due to Bending Moment

b) Base Rotation due to Shear Force
4) a) Base Translation due to Bending Moment

b) Base Translation due to Shear Force
Hertzian deflection and base translation and rotation are determined by analytical
expressions. Detailed analysis of base flexibility and its application to LDP can be
found in the thesis by Stegemiller [18]. The tooth deflection calculation however,
requires a numerical solution technique, where a theoretical background of it can be
found in the thesis by Yakubek [19]. In LDP tooth deflections are calculated using

Rayleigh-Ritz method for gear tooth modeled as flat or tapered beams.
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There are three conditions that need to be satisfied for the above calculated deflections
and forces to exist. These are condition of compatibility, condition of equilibrium and
condition for contact.
Condition of contact can be summarized as:

W +W +6 —1,-0>0 (4.1)
Where w',and w” are total deflection of a point i. 1, and 2 represent the pinion and

gear respectively. dis the initial separation from gear errors, and ry,. €is the rigid body
motion. This condition ensures that rigid body motion is at least equal to the deflection
and separation of gear teeth for contact to occur. For all possible contact points:
[C]-[F]+[s]-1-1,-6>0 (4.2)
Here [F] is the force vector with forces of discrete points of contact, and [C] is the
corresponding compliance matrix. It is the result from the deformation calculations
mentioned above.
Condition of equilibrium states that the total contact force should be equal to the
driving torque on the pinion. This condition holds for the static case, and it is not valid
for a dynamic case, because there are additional dynamic loads involved.

Condition of equilibrium for static case:

[FT -1-r, =T, (4.3)
This is modified for a dynamic case by replacing the driving torque by an
instantaneous dynamic torque on pinion.

[FT -1-r, =M, (4.4)
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The subscript 2 stands for the direction of the instantaneous torque in the three
dimensional model developed in chapter 2.
Condition for contact is the modified form of condition of compatibility with the
inequality replaced by an equality to make it possible to solve the equations. It can be
stated as:

[C]-[F]+[s]-1-1,-6+[Y]=0 (4.5)
This equation is solved in LDP using several iterations in a modified simplex

algorithm.

4.3 Determination of Forces and Moments in Gear Mesh

4.3.1 Mesh stiffness

From the analysis embedded in LDP the mesh stiffness is nonlinear. It is not possible
to obtain the mesh stiffness with directly dividing the mesh force to transmission error.
This is because gear mesh tends to get stiffer with higher loads. Also suppose there are
profile errors on a hypothetical gear pair in which there are always same number of
teeth in contact. This gear pair has almost same stiffness for all roll angles but,
variable transmission error because of profile errors. A ratio of mesh force to
transmission error will be highly erroneous for mesh stiffness in this case. For each

position LDP can linearize the deflection force curve and provide mesh stiffness.
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Mesh Force

Tranmission Error

Figure 4.1. Calculation of mesh stiffness in LDP for a given mesh force.

This is done in LDP up to some accuracy with finite differences instead of derivatives,
because there are no analytical expressions to differentiate, but numerical values. Once
a stiffness value is obtained, expressions in the chapter 3 are used to get the mesh
force.

4.3.2 Mesh Forces and Moments

There are two other reactions from the possible unequal load distribution and friction
forces. In the three dimensional model, these inequalities in load distribution and
friction force result in moments. Since the load distribution is known, moments can be

calculated:
M, ]=[h]-[F] (4.6)
M]= L] [Fee] (4.7)
Where, M1 and M3 are the resulting moments, h; is the distance of the discrete tooth

force to the center of the face width, and L is the distance of the friction force from the
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gear reference frame. This calculation reduces the vector of load distribution and

vector of friction force to an equivalent forces and moments without loss of generality.

ZOME OF CONTACT WITH LCGAD CISTRIBUTION

X3 /,1 X1
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ol ! M Finien roct
i [} 3
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Figure 4.2. Superimposed load distribution and friction forces of two teeth of a helical
gear.

Figure 4.2 shows the load distribution and some of the discrete forces from load
distribution and friction force vector. All forces are assumed to be in the line of action
except friction forces. Friction forces are perpendicular to lead direction and line of
action. All contacting surfaces of the gear pair are projected on the involute plane,
which is composed of the face width direction and the profile direction. Although the
profile direction is a curve rather than a straight line, given by the conjugate action,
there is no assumption when all forces are considered in this plane. This is because
mesh forces are always parallel to the line of action direction, which does not change
direction. It must be noted here that xi, X2, and x3 are the coordinates of the fixed

reference frame of the corresponding gear, but they are carried to gear teeth for easy
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intuition of direction of forces and moments. In fact the origin is in the center of the
corresponding gear, not in the teeth as the figure may imply.

4.3.3 Friction Force

Friction between gear teeth has been investigated, but efforts have been mostly
towards the determination of the coefficient of friction. lida et al [20] investigated the
vibrations of gear pairs excited by friction force. Ishida [21] investigated the noise due
to friction force and concluded that noise due to friction is highest at the pitch point,
where sliding velocity is zero and changes direction. Hochmann [22] performed a
detailed study on friction force excited vibration of gears and energy loss due to
friction. Velex and Cahouet [12] developed a three-dimensional model for a gear set
and computed load distribution. They evaluated the friction force with various models
and reported that friction force excites the system at low operating speeds.

The simplest friction model is the Coulomb friction, which suggests constant friction
force, and its sign depending on the relative motion between mating surfaces. Any
more complicated model than coulomb friction requires also the relative sliding
velocity of gear teeth. From [23] the sliding velocity of a contact line is equivalent to

(4.10)
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Figure 4.3. Translational velocity of gear at the contact point and the moment arm for
friction force.
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A way to calculate sliding velocity is to calculate the velocity of each contact point in
LDP. The vectoral difference of the speed of each contact point in pinion and gear
gives the sliding velocity for each point. The radius of a contact point is calculated in
LDP as Rcontact. Figure 4.3 shows a schematic of a gear pair and a contact point. From
the reference frame of the pinion and gear, the absolute velocity is:
Vs = Reyya X D (4.8)
From geometry vector components are:
Vex = V| -os(y), Vg, =V -sin(y) (4.9)

For each contact point, sliding velocity is:

Vsiiding = \/(VPX v, )+ (pr — Vg, )2 (4.10)
In the Coulomb friction model the product of the constant friction coefficient with
friction force in the line of action per face width division gives the friction force per
face width division. For helical gears, load at each point is different so that the
summation is necessary. In spur gears force can be extended to the active face width

without summing.
Fic = Zﬂi “Fai (4.11)

According to Merritt [17] coefficient of friction is affected by the lubrication
properties, surface roughness, and hence lube film thickness. An equivalent friction
coefficient takes into account the radius of curvature, viscosity of the lubricant and
sliding velocity. The work of Benedict and Kelley is referred for the expression of a

friction coefficient:
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015 [VeJ RVALI-LE (4.12)

Where v is the viscosity of the oil in centistokes, Ry is the radius of curvature of the
contact, Vs is the sliding velocity, and Ve is the entraining velocity, all in feet, and
minutes. Entraining velocity is defined as:

o, +o, T, |
V.=—-L 9 9 .sin(e,) (4.13)
cos(y)

Radius of curvature can be calculated at the contact point:

il rP .rg 5 Sin((on)
2
r,+r, cos*(y)

(4.14)

r

This allows the calculation of u for each division in the face width. (4.11) is then used
to evaluate the total friction force acting on the gear teeth. Merritt [17] limits the use

of (4.12) up to ©=0.2 since this equation is empirical.

4.4 Runout Model

Gears cannot be manufactured as perfect disks. A deviation in the centerline of gears
exists and categorized with AGMA runout quality. Runout in gears adds a sinusoidal
component on the static transmission error because the center distance is not constant
but periodic for each shaft rotation. For runout caused by mounting error the
frequency is one revolution. Whereas, for runout due to injection molding process of
plastic gears, the frequency depends on gating and material. Runout can be modeled
equivalently by successive spacing errors also. Wijaya [24] has studied the effect of
runout of various AGMA quality gears using the equivalent spacing error approach.
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Here, the spacing error is assumed to be harmonic and a corresponding center distance
variation is given to pinion and gear as follows:
CD,,, = (Xps —Xg3 + Xprs — Xgra) - SIN( @) + (Xp; — Xg; + Xpry — Xary ) - COS() (4.15)
Where the runout is simply defined by cyclic variation as:
Xpra =%-sin(ﬂ-wPR) N :%-cos(/i’-a)PR)
R R (4.16)
Xora :f-sin(ﬁ-a)GR +0) , Xgn =7G-cos(ﬂ-a)GR +6)
(4.15) represents the center distance variation from shaft displacements and runout in
LOA and O-LOA directions. awrr and acr represent the frequency of runout and Rp,
Rc represent the magnitude of the runout in displacement units and & is the phase
difference. This magnitude is defined as the peak-to-peak variation in the position of
the pitch point per runout frequency. In this model, runout does not cause unbalances
so although in real life it can. For unbalances the inertia matrix needs to be modified

separately.

4.5 Numerical Solution of the Problem

Depending on the vibratory model used for the gear pair there is a maximum of 97-
second order nonlinear ordinary differential equations that needs to be solved. A
numerical solution becomes necessary because of the time varying properties of the
static transmission error, mesh stiffness, and reaction moments. Secondly, the three-
dimensional rigid shaft model includes trigonometric nonlinearities due to coordinate
transformations. For general solution of these equations of motion, Runge-Kutta

method of order four is used with a fixed step size. Since Runge-Kutta methods are for
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solution of first order systems, second order equations are expanded to 194 first order
differential equations. The gear mesh forces and moments are evaluated using the
existing LDP subroutines. Therefore, it is necessary to combine outputs of LDP with
the equations of motion. Although a quantitative analysis was not conducted, it is
observed that a calculation for a position in LDP takes longer CPU time than one step
of the Runge-Kutta method. The time difference for obtaining solution between the
two components is high and the number of equally spaced positions in LDP governs
the total CPU time for an analysis. Because of this reason, the number of equally
spaced positions (POSCON) is limited, and the Runge-Kutta solution is allowed to

take steps in between two positions. Figure 4.4 helps to clarify the explanations below.

E"'Bé'éi'}'éé .......
{ POSCON | Xmis:Pmis:
att Torque,
B | POSCON
v
LDP Time Domain
Subroutine Solution R-K 4th
Kinesh:STE, ﬂ\ A
Shuttling )
Y moment, Step size
Friction force
GGR and moment

Figure 4.4. Diagram of the time domain solution method in LDP.

During the time passed between the calculations of two POSCONSs the Runge-Kutta
method needs more than one step in order to converge. To avoid excessive simulation
time, the mesh stiffness is assumed to be constant between two POSCONSs and
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equations of motion continue to evaluate the solution. It is possible not to use mesh
stiffness, but to keep the forces constant between two POSCONSs. This can result in
inaccuracies if not enough POSCONs are used. However other reactions such as
friction force and moments are kept constant, because stiffness values for these
reactions are not available. Few POSCON number should be used when the rotational
speed of the gears are high. If the period of the POSCON is defined as the time it takes
for each POSCON to pass, then;

w, = ?I' " &, : Natural Frequency. (4.17)
P

W, >> 0, (4.18)
This is the approximate condition to eliminate the effect of step response. Otherwise

the frequency content from the step changes in mesh stiffness and transmission error is

low enough to appear in the range of gear mesh frequency, and orders.

46 Summary

Since the equations of motion for the gear pair are in time domain and forcing terms
are only numerically available, a Runge-Kutta solution method is used to implement
the models into LDP. The flow in LDP is modified so that, time dependent variables
change during the simulation. This allows LDP to perform dynamic analysis in time.
A discussion of friction force between gear teeth is given. A model for friction force is
implemented in LDP analysis. An expression to calculate shuttling forces and
moments is given and these forces along with friction are connected to the dynamic

model in LDP.
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CHAPTER 5

COMPARISONS AND STUDY OF EXCITATION IN
GEARED SHAFTS

5.1 Introduction

In the previous chapters four models for vibration of geared shafts have been
developed and the models are implemented in LDP. This chapter first compares this
code and other models for gear pairs. Next the effect of dynamic loading on the
response is studied and results from an optimized gear set with the dependence and
without the dependence are compared. Last, the effect of transmission error force,
shuttling force and friction force on the response of dynamic bearing forces are

investigated.

5.2 Comparisons with Calyx

5.2.1 High Contact Ratio Spur Gear Set 1

Before studying the more complicated problem, it is desirable to start from a simple
case and compare the dynamics of simple gear pairs. The model for meshing between
gears that has been developed in chapter 3 is slightly different from the traditional

lumped parameter models because it considers the transmission error as a function of
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not only position, but also mesh force, center distance, and misalignment. Since the
equivalent cam excitation involves the static transmission error itself, and the static
transmission error is a function of the variables mentioned above, it is not very
straightforward to estimate the actual stiffness. In other words, it may be possible that,
the stiffness is double counted. Experiments were carried out on very stiff bearings
and shafts so that the torsional meshing mode is isolated from bearing and shaft
modes. Research by Parker et al. [5] shows that these experiments match the results
obtained using Calyx, which is a finite element contact mechanics computer program
specialized in gears of any kind. To evaluate the meshing model in this chapter, Calyx
is taken as a reference. However, for a dynamic comparison, the two models for
contact, namely LDP and Calyx should be matching. For instance, the mesh stiffness
and transmission error predictions in static case should match. Usually gears have rims
that are large diameters when compared to tooth length. LDP analysis has been
extended to cover rims, but the program has not been fully functional to be used by
end users. For this reason the current LDP model that assumes the rim has no
compliance is used in the analysis, although inertias due to rim are calculated. The
gear pair used in the following analysis, from a deformation point of view has no rim,
but has the inertia of the rim. Although this case may be physically difficult to
reproduce, it is suited well for comparisons, because added inertia decreases the
resonant frequency, hence reducing computational effort. The parameters of the gear
pair are listed in Table 5.1. The finite element model created by Calyx is shown in

Figure 5.1. The stiffness and inertia values for shafts and bearings are used depending
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on the model chosen. The spur gear set used in analysis has no profile modifications.
LDP and Calyx seem to agree on mesh stiffness and transmission error for this case.
The comparison of transmission error and mesh stiffness from both models is shown

in Figure 5.2 and Figure 5.3 respectively.

Pinion Common Gear
Number of teeth 28 28
Center Distance [in] 35
Diametral Pitch [in] 8
Pressure Angle 20
Outside Diameter [in] 3.75 3.75
Root Diameter [in] 3.1875 3.1875
Inner Diameter for Calyx [in] 2.625 2.625
Face Width [in] 0.25
Theoretical Contact Ratio 1.64
Pinion Torque [in-1b] 1128
Pinion Speed 2.143 rpm
Table 5.1. Gear set parameters

Pinion Gear

Inertia [in-1b-s?] 0.27.10% 0.27.102
Mass [Ib-s?/in] 0.176.102 0.176.1072
Drive Inertia [in-1b-s?] 0.021 0.021
Shaft Stiffness [in-Ib/rad] 100000 200000
Shaft Damping Ratio 0.06 0.06
LOA Bearing Stiffness [in-1b-s?] 2000000 2000000
O-LOA Bearing Stiffness [in-1b-s?] 2000000 2000000
Axial Bearing Stiffness [in-1b-s?] 10000000 10000000
Bearing Damping [Ib-s/in] 10 10
Mesh Damping Ratio 0.06

Table 5.2. Dynamic parameters.
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Figure 5.1. Finite element model of the gear set in Calyx.
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Figure 5.2. Static transmission error from LDP and Calyx.
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Figure 5.3. Mesh Stiffness from LDP and Calyx

The stiffness in LDP is calculated by the linear approximation at the load torque. For
modified gears it is possible to obtain a different value for stiffness if the static
transmission error is divided by the torque. Since the contact area gets wider with
torque, mesh stiffness gets higher with load torque. The oscillations take place at the
mean torque value, therefore (5.1) is used to estimate the linearized mesh stiffness
from Calyx.

K :Tzlrpb T, /1y,
" STE, - STE,

(5.1)

Here subscripts 1 and 2 correspond to load torques where T1=1128 in-lb, and T,=1228
in-1b. Next dynamic analysis in Calyx and LDP are conducted at 2000 rpm. In Calyx,
a time step of 2.14e-6s has been used to result in a frequency resolution of 233,329 Hz
to make sure that the resonant frequency is below frequency resolution. The time

histories for transmission error are given in Figure 5.4. It can be observed that the
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mesh natural frequency for the high stiffness region, which corresponds to the two
teeth contact region, is higher than the parametric mesh excitation. The simple lumped
parameter model for this system has been shown to reduce to a single DOF system
with the natural frequency being given by (5.2). The model used in Calyx fixes the
gear rotation; hence in LDP very high gear inertia is used to reach this effect. (5.2)
reduces to (5.3). Substituting values and taking average stiffness at two teeth contact
region from Figure 5.3 as 8.6e5 Ib/in natural frequency is found as; ®=4970 Hz. From
Figure 5.4 the damped natural frequency in this region can be calculated from the

period of oscillations as ®=4796 Hz from LDP. Calyx model has the frequency

®=4975 Hz by the same way.

Transrnission Errar [in)

Tirne [5] -3

Figure 5.4. Time histories for transmission error from LDP and Calyx for 2000 rpm.
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2 2
a):\/km-le'rp +1, .15 (5.2)

o= K,  — (5.3)

The frequency of oscillations from LDP and the lumped model match within 4%, and
Calyx almost exactly matches. Of course these values are approximate due to the
accuracy of readings. Both programs are run for speeds of 7000 rpm, and 12000 rpm,

and the time histories for transmission error are shown in Figure 5.5, and Figure 5.6.

Transmission Errar [in]

Tire [g] ]

Figure 5.5. Time histories for transmission error from LDP and Calyx for 7000 rpm.
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Figure 5.6. Time histories for transmission error from LDP and Calyx for 12000 rpm.

As a comparison, in both LDP and Calyx the gear set is loaded in with a step force at
two teeth in contact region. In both models gear is held constant and pinion is allowed
to rotate. The transmission error is shown in Figure 5.7. The natural frequencies are
calculated as 4662Hz for LDP and 4767Hz for Calyx. Finally a speed sweep was
performed in Calyx and LDP from 1000 rpm to 17000 rpm. The peak to peak value of
transmission error is plotted in Figure 5.8. It can be seen that the superharmonic
resonances fm/3, fm/2 and the primary resonance fm occurs nearly at the same
frequencies. The values however do not match because of different damping in

models.
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Figure 5.8. Peak to peak value of transmission error for speed runup.
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5.2.2 Low Contact Ratio Gear Set

The previous gear set has two teeth in contact most of the time. It is desirable to repeat
some of the analysis within one tooth in contact region. For this purpose the outer
diameter of the gear set given in Table 5.1 has been trimmed to 3.65 in reducing the
theoretical contact ratio to 1.04. However the static LDP and Calyx does not compare
exactly in this case, unlike the original set. The LDP predicts the mesh to be slightly
more compliant. Therefore, the modulus of elasticity has been increased from 30.10°
to 35.10° in LDP. Since the single tooth contact region is of interest, the transmission
error and stiffness has been matched in this region. The mesh stiffness and
transmission error is plotted in Figure 5.9 and Figure 5.10 respectively. The gear set is
run at 2000 rpm, only and the dynamic transmission error from both LDP and Calyx is

compared in Figure 5.11.

Translational Mesh Stiffness [lbfin]

02 04 0E 08 1 12 1.4 16 1.8 2
Mesh Position

Figure 5.9. Mesh stiffness for the low contact ratio gear set. CR=1.04
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Transmigsion Eror fuin]

Mesh Position

Figure 5.10. Transmission error for the low contact ratio gear set. CR=1.04

Transmission Error [in]

Tirne [s] T

Figure 5.11. Time histories for transmission error from LDP and Calyx for 2000 rpm.
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5.2.3 High Contact Ratio Spur Gear Set 2

The comparison is repeated for another high ratio gear set. For the purpose of testing a
different case, a high capacity set has been fabricated. This set does not exist in reality,
which is shown in Figure 5.12 and data is given in Table 5.3. To compare Calyx and
LDP the high contact ratio set is ran for 1200 rpm at pinion, and the transmission error
is plotted in Figure 5.13. The frequency of oscillation below superharmonic region is
calculated as ®=2971Hz for LDP, and 2962Hz for Calyx Hz. The lumped parameter
model gives for this set from (5.3) using Kmesh=1.46€6 Ib/in, ®=2938 Hz. No further
analysis is conducted for the high contact ratio set because the agreement at low

speeds verifies the LDP model with Calyx and lumped parameter model.

Figure 5.12. The high ratio and high contact ratio spur gear set. CR=2.02
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Pinion Common Gear
Number of teeth 35 109
Center Distance 12
Diametral Pitch 6
Pressure Angle 17
Outside Diameter 6.19 18.5
Root Diameter 5.4233 17.7333
Inner Diameter for Calyx 4.6567 16.9667
Face Width 4
Theoretical Contact Ratio 2.02
Pinion Torque 16000
Pinion Speed 2 rpm
Gear Inertia 0.3333 31.3530
Mesh Damping Ratio 0.06

Table 5.3. High ratio and high contact ratio gear set parameters.

L =
w n = n n
T T

Transmission Erraor [in]

b
n

(8]

Time [s]

Figure 5.13. Time histories for transmission error from LDP and Calyx for 1200 rpm.
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5.2.4 Optimized Gear Set

The aim of this subsection is to verify the change of contact ratio and therefore mesh
stiffness in the dynamic run of LDP. The gear set given in Table 5.1 and Table 5.2 is
optimized for transmission error at the operating torque of 1128 in-Ib. The
modification data is given in Table 5.4 This gears set is run from 428 in-lb to 1828
in-1b in both LDP and Calyx, and the static transmission error is compared in Figure
5.14 and Figure 5.15. The variation in contact ratio can be seen from these figures.
Overall LDP predicts slightly higher contact ratio than Calyx. Figure 5.16 shows the
variation of peak-to-peak static transmission error with loading. Next, the gear set is
run at 2000 rpm and at 428 in-lb and 1828 in-Ib, with the gear constrained, as in
previous runs. Figure 5.17, and Figure 5.18 show the dynamic run at 428 and 1828 in-
Ib respectively. From the plots it can be seen that change in the contact ratio is

properly reflected do the dynamic behavior.

Pinion Gear
Straight tip relief [in] 7.4.10* 7.4.10*
Parabolic tip relief [in] 3.2.10* 3.2.10*

* All modifications start at LPSTC=23.181° roll angle

Table 5.4. Modification data for the optimized set.
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1828 in-lb
1728 in-lb
1628 in-lb
1528 in-lb
1428 in-lb
- 1328 in-lb
1228 in-lb
1128 in-lb
1028 in-lb
228 in-lh
828 in-lb
728 in-lb
E28 in-lh
528 in-lb
428 in-lb

Transrnission Errar [in]
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1
Mesh Pasition

Figure 5.14. Harris Map from Calyx.
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Figure 5.16. Variation of peak-to-peak transmission error with load for the optimized
gear set.
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Figure 5.17. Dynamic transmission error of the optimized gear set at 2000 rpm and for
428 in-1b loading.
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Figure 5.18. Dynamic transmission error of the optimized gear set at 2000 rpm and for
1828 in-Ib loading.

5.3 Comparison with DYTEM and Effect of Modifications

In this section the nonlinear model developed by Ozguven and Houser [2] is compared
with LDP. Both models are almost the same except that DYTEM has shafts and
bearings. The effects of these are removed by selecting very high stiffness for bearings
and shafts. The second exception is that LDP calculates the instantaneous properties
for the mesh such as stiffness, transmission error etc, whereas DYTEM takes those
properties for a constant load torque. Both models are run from 500 to 17000 rpm and

the peak-to-peak values for transmission error at steady state are shown in Figure 5.109.
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Figure 5.19. Speed runup for perfect involute set.

Experiments show that the optimized gear sets for transmission error do not
necessarily turn into minimum noise gears. As proposed by many investigators, noise
has many other exciters than transmission error, although effect of transmission error
is very significant in most cases. Another possibility is that the lumped parameter
models for gear dynamics fail to capture excitation due to transmission error variation
and instantaneous torque. At very low TE levels, deviation from the optimum torque
can be high so that this effect becomes significant. To investigate this issue, the gear
set given in Table 5.1 is optimized with the resulting transmission error shown in
Figure 5.20. This set is run from 500 rpm to 17000 rpm in both DYTEM and LDP and
the results are shown in Figure 5.23. Comparing LDP and DYTEM suggests that the
variation of transmission error with dynamic loading does not have a noticeable effect
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on the result. Complicating the LDP model does not lead to different dynamics in
optimized gear sets. Figure 5.21 and Figure 5.22 shows the harmonics of the static
transmission error. Relative amplitude of dynamic transmission error can be explained

from the comparison of the first three harmonics for the involute and optimized gears.
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Figure 5.20. Static transmission error of the optimized spur gear set with PPTE=47pin.
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Figure 5.21. Static TE harmonics for perfect involute low contact ratio set 1.
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Figure 5.22. Static TE harmonics for optimized low contact ratio set 1.
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Figure 5.23. Speed runup for optimized gear set.

5.4 Outputs of LDP

In this section, the byproducts of the dynamic LDP analysis are displayed. These
results include load distribution, root bending stresses and contact stresses. In order to
demonstrate these, the gear set given in Table 5.1 and Table 5.2 are run at the rated
torque 1128 in-Ib, and a higher speed of 7000 rpm, which is near resonant frequency.
In addition, a misalignment of 0.0018 inch is given. Figure 5.24 shows the contact
stress distribution. It can be seen that the vibration amplitude is high and causes high
contact stress variation than static values. Root stress variation with facewidth is
plotted in Figure 5.25. The coupling results in nonzero root stresses where there is no

loading and therefore, variation in root stress is less critical than contact stress.
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Figure 5.24. Contact stress distribution for 7000 rpm and 1128 in-Ib loading.
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Figure 5.25. Root stress at five different face width positions. (0%, 25%, 50%, 75%,
100%)
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5.5 Effect of Transmission Error Force, Shuttling Force and Friction Force on
Bearing Response

This section investigates the response of geared shafts due to friction, shuttling and
transmission error forces. In order to verify the three-dimensional rigid shaft model the
spur gear given in Table 5.1 with no modifications and dynamic properties given in
Table 5.2 is run under three conditions. For all conditions, the bearing displacements
along the line of action (LOA), off line of action (O-LOA) and axial directions are
compared. Also the angular positions of the gears are checked when there is an
excitation in that direction. The first simulation is without friction and misalignment,
where the bearing displacements are plotted in Figure 5.26. There are no excitations in
O-LOA or axial directions. The angular position also is zero and therefore not plotted.
Next, a Coulomb friction coefficient 0.05 is put in the model for each calculation
element in LDP. It can be seen in Figure 5.27 that O-LOA direction for bearings is
also excited while the LOA excitation stays the same. The axial direction and angular
displacements are still zero. In the last case friction is removed, but a helix angle error
of 0.5 degrees is given to both pinion and gear, essentially making a helical gear set.
Shuttling forces are expected to excite the system. The shuttling forces indeed result in
a moment that needs to be supported by LOA forces and hence these forces for right
and left bearing are equal and opposite. However they are buried in the transmission
error force and cannot be identified since helix angle error is very low. But a couple
from O-LOA direction should support the moment due to axial forces. This couple can

be identified from Figure 5.28 as equal and opposite displacements at bearings. From
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Figure 5.29 it can be observed that the gears align themselves to balance the shuttling
moment. In the other rotation direction, that is perpendicular to both rigid body
rotation and helix angle, there is slight displacement. It is probably due to rotational

coupling.
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Figure 5.26. Pinion shaft right bearing displacements for no friction and no
misalignment.
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Figure 5.27. Pinion shaft right bearing displacements for friction but no misalignment.
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Figure 5.28. Pinion shaft right bearing displacements for no friction but misalignment.
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From the runs with spur gear it is seen that friction causes in O-LOA forces but
misalignment causes both O-LOA and axial forces in bearings. However a spur gear
set does not produce high shuttling forces. To compare the effect of transmission error
force, friction and shuttling forces on bearing forces, three similar helical gear sets are
chosen from a large number designs produced by the computer program “Run Many
Cases” (RMC). These cases have one of the three forces high, and the remaining two
relatively low in terms of peak-to-peak and first harmonic. The gear sets and the forces
are summarized in Table 5.5 and Table 5.6 respectively. The dimension of the shaft is
given in Figure 5.30 and is the same for pinion and gear. Figure 5.31 through Figure
5.39 show the waterfall plot of bearing forces at the right end of the pinion shaft for
LOA, O-LOA and axial directions for cases A, B, and C respectively. Order track
plots of the LOA and O-LOA directions for bearing forces are given in Figure 5.40,
Figure 5.41, and Figure 5.42 for cases A, B, and C. Third orders are sometimes

neglected because the amplitudes are relatively low.
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Case A)
Transmission
Error Force

Case B)
Shuttling Force

Case C)
Friction Force

Pinion Gear Pinion Gear Pinion Gear
No. Teeth 26 33 25 32 26 31
Normal
Diametral 9.7816 9.0957 9.4005
Pitch
Pressure Angle 22.5 17.5 17.5
Helix Angle 28 22 28
Quter 3.1873 42228  3.1843 42785 34786  4.0312
Diameter
Root Diameter 2.7069  3.7423 2.6676 3.7618 2.8935 3.4461
Circular
Profile 0.0001 0.0001 0.00035
modification
Circular  Lead 0.00033 0.00033 0.00012
modification
Gear Inertia 0.0104 0.0234 0.0103 0.0238 0.117 0.0212
Gear Mass 0.0115 0.0156 0.0114 0.0157 0.0119 0.0150
Load Inertia 0.01 0.02 0.01 0.02 0.01 0.02
Shaft Stiffness  10° 10° 10° 10° 10° 10°
Shaft Damping 0.3 0.3 0.3 0.3 0.3 0.3
LOA Bearing 46 108 108 108 108 108
Stiffness
O-LOA
Bearing 108 108 10° 108 108 10°
Stiffness
Axial Bearing 7 107 107 107 107 107
Stiffness
Bearing 10 10 10 10 10 10
Damping

* All values are in English units.

Table 5.5. Summary of three helical gears parameters.
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Case A)
Transmission Error

Case B)
Shuttling Force

Case C)
Friction Force

Force
Peak to First Peak to First Peak to First
Peak Harmonic Peak Harmonic Peak Harmonic
Transmission 4, 14.4 78 0.4 53 17
Error Force
Shuttling 5.7 14 45.3 23.9 5.7 0.8
Force
Friction 5.7 0.6 6.9 0.3 15.1 55
Force
* All forces in pounds [lb].
Table 5.6. Forces for cases A, B and C.
N
R=11in \ R=1 in
> e S
petin AN D=Lin

Figure 5.30. Dimensions of the shaft for both pinion and gear.

F=1.25in

73



Orders

1x: 26 éom
65
42
2
8k

S 7k

A . 6k

(1! 5k

" "2k = 4k""5‘k""6k""7k""8k

Figure 5.31. Waterfall plot for LOA right pinion bearing force of case A, with 14.4lb
transmission error force.
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Figure 5.32. Waterfall plot for O-LOA right pinion bearing force of case A, with 14.4lb
transmission error force.
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Figure 5.33. Waterfall plot for axial right pinion bearing force of case A, with 14.4lb
transmission error force.
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Figure 5.34. Waterfall plot for LOA right pinion bearing force of case B with 23.91b
shuttling force.
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Figure 5.35. Waterfall plot for O-LOA right pinion bearing force of case B with 23.91b
shuttling force.
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Figure 5.36. Waterfall plot for axial right pinion bearing force of case B with 23.91b
shuttling force.
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Figure 5.37. Waterfall plot for LOA right pinion bearing force of case C with 5.51b
friction force.
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Figure 5.38. Waterfall plot for O-LOA right pinion bearing force of case C with 5.5Ib
friction force.
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Figure 5.39. Waterfall plot for axial right pinion bearing force of case C with 5.5Ib
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Figure 5.40. Order track for case A. First harmonic of transmission error forcel4.4lb.
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Figure 5.41. Order track for case B. First harmonic of shuttling force 23.91b.
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Figure 5.42. Order track for case C. First harmonic of friction force 5.5lb.
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For case A the transmission error force excites the bearing at all three directions. The
reason for LOA excitation is obvious since it is in the transmission error force
direction. Axial direction is excited by the component of TE force and the O-LOA
direction supports the moment due to the axial force. In case B, shuttling force causes
high resonances in the first harmonic of bearing force in LOA, but the resonance
appears to be out of the torsional mesh mode. The excited mode is probably the
rocking mode arising from the bearing stiffness and inertia of the shaft. It is interesting
that the O-LOA forces are not very small in the mesh mode although the axial force in
the bearing is very small. Case C has the least total dynamic bearing reaction, and
highest force component is in the O-LOA direction from friction force as expected.
The noticeable difference in magnitude of the force in axial and LOA direction may
suggest the contribution of shuttling force to the LOA direction response as seen in

case B.

5.6 Damping Caused by Friction

This section is not directly related to the previous ones. It is interesting to study the
damping effect of Coulomb friction between gear teeth, although it is clear that it
dissipates energy. In reality, the vibrations are damped, and this was modeled by a
viscous damper between gear teeth in the previous chapters. Friction may play a role
in this damping. To investigate this effect, the gear set given in Table 5.1 and

Table 5.2 is run under different conditions with an exaggerated friction coefficient of
0.4. The first run is without any friction, but with a viscous damping ratio of 0.05. The

load is applied at t=0.002s. and the gears are not rotating. The transmission error time
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history is given in Figure 5.43. The time response shows a typical damped step
response of a second order system with exponential decay. Next, the same procedure
is followed with no damping but friction present. Figure 5.44 shows the time history
of transmission error, which is a linear decay suggesting Coulomb friction. Finally, the
pinion rotational speed is made 2000 rpm with no damping but a friction coefficient of
0.4 is used. Figure 5.45 shows the transmission error. Interestingly, no damping can be
seen in the vibrations, hence no steady state can be reached. This is because the
friction force is dependent on the relative sliding velocity of contacting teeth, not the
absolute relative velocity, as opposed to viscous damping. In other words, the sliding
velocity does not change sign, as the time derivative of the transmission error changes
sign, which is necessary to dissipate vibratory energy. Nevertheless, friction still
consumes the driving torque; consequently a smaller amount of load torque is required

to keep the system in equilibrium.

=1

------------------------------

m

Transmission Ermor [in]

Time [=] ¥ 107

Figure 5.43. Transmission error for step loading and viscous damping of 0.05 but no
friction.
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Figure 5.44. Transmission error for step loading with no viscous damping and with a
friction coefficient of 0.4, with expansion to emphasize the decay behavior.
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Figure 5.45. Transmission error for 2000 rpm with only friction present and no
damping.

5.7 Summary

First, comparison of LDP with Calyx is given for two spur gears in operating
conditions and step loading with the simple model, i.e. without bearings and shafts.
Both models seem to agree on the resonant frequency and the natural frequency,
which is estimated by the linear mass spring model. DYTEM and LDP are compared
in speed runup and for the unmodified spur gear set. Both comparisons match
reasonably to validate the LDP mesh model. In the next section, the dependence of
mesh properties to the dynamic load is investigated and the speed runup results are
compared for a transmission error optimized spur gear set. The comparison suggests
the effect of dynamic load on response is negligible even for optimized gears.

Although more cases must be ran to verify whether the effect of dynamic loading can
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be neglected or not. The effect of contact ratio on response is verified in the next
section with an optimized gear set, and comparison with Calyx is given. The next
section presents bending and contact stress outputs of LDP near resonant conditions.
The following section studies the effect of transmission error force, shuttling force and
friction force. The frequency responses of bearing forces imply that both transmission
error force and shuttling force causes dynamic forces in both LOA and O-LOA
directions. Therefore these forces have similar excitation to the system, whereas
friction force only excites the O-LOA bearing. For the cases investigated, the friction
force has the least effect, but the shuttling and transmission error force have similar
effect on bearing response. Friction model between gear teeth is examined in the last
section. The three runs suggest that friction itself does not have damping effect when

gears are in rotation, but has damping effect when gears are stationary.
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CHAPTER 6

CONCLUSIONS

6.1 Summary

In this thesis a number of dynamic models in two and three dimensions have been
developed for the analysis of geared shafts. Also the accurate predictions for mesh
properties are incorporated in these models from the Load Distribution Program,
which would have been available only for static analysis. A computer code has been
developed and implemented in LDP to extend the static solution into a dynamic
solution. Results from this program is compared to other tools that have been
experimentally verified by other researchers. Lastly, the program is used to evaluate
the excitation from shuttling and friction forces for a geared shaft with three different

helical gears that have distinct properties.

6.2 Conclusions

The correlation between the noise from gears and transmission error has been reported
to be significant for relatively high values of transmission error values, hence
suggesting that the transmission error is the main dynamic exciter. However, the
correlation is reported to be not so good if the transmission error is minimized.

85



Because of this reason, in the beginning of this study it was suspected that the

dynamic transmission error predictions for the optimized gear sets were not accurate

because the mesh properties are dependent on the load itself, consequently, causing

parametric excitations.

1)

2)

3)

Models are developed with two versions, one of them taking the load
dependency effect into account. Comparison with other models suggests that
the dependence of mesh properties to the load is insignificant and the loading
can be assumed constant for the case investigated.

The excitation effects of shuttling and friction forces are evaluated. Shuttling
forces are embedded in the moment from the gear mesh. Comparisons between
three similar gear sets with different forces are performed. The force at
bearings are possible exciters to the housing and hence noise, so that these
forces are analyzed. It turns out that transmission error force and shuttling
force excite the system in at least two directions causing high dynamic force in
bearings, whereas friction force has relatively lower contribution to bearing
forces. Nevertheless, none of the forces are small enough to be neglected.
Different resonant frequencies were encountered suggesting the existence of
rocking modes of shafts.

Friction force is calculated using the Coulomb friction approximation, but a
sliding velocity dependent friction coefficient is also incorporated in the
program. A brief study shows friction has no damping effect unless the gears

are stationary, which verifies with previous studies on friction.
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6.3 Recommendations

1)

2)

3)

The program is limited for simple shaft configurations and a single gear pair.
The equations of motion can be added to cover more than one gear pair on a
shaft such as a back-to-back configuration. An idler gear set has been
investigated partially during the development of the code, but then removed
from the program because of time limitations. During this time effect of mesh
phasing on dynamics have been identified but not studied.

Corner contact in gears produces forces that are not in LOA direction. An
impact loading can approximate this effect in high speeds and can be easily
incorporated in the program. However, the parameters of the impact need to be
studied for realistic modeling.

Three-dimensional equations of motion with coupling could not be attached to
the flexible shaft model. Because of this, the flexible shaft model does not take
gyroscopic effects into account. In addition, the equations of motion turn out to
be computationally stiff, and sometimes do not converge for the flexible shaft.
Introducing a new formulation for the flexible shaft model, or enhancing the
numerical solution technique can solve these problems, and it is desirable to
include gyroscopic effects. Moreover the flexible shaft model can be extended
to cover the gear itself as a flexible body for thin and lengthy gears machined
on shafts. The deflection of shafts under gears can be reflected to load

distribution.
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4)

5)

Since many practical applications involve an excitation from the driver such as
a combustion engine, it would be helpful to modify the driving torque such that
desired type of excitation is supplied to the system.

Currently the angular motion in line of action direction is allowed in the
motion, but this motion cannot be reflected to the load distribution, because in
LDP the diagonal contact lines are same for pinion and gear. If the diagonal
lines can be defined separately for pinion and gear in LDP, then this angular

motion can be seen on load distribution.
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APPENDIX A

DERIVATION OF EQUATIONS OF MOTION
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restart;
wi t h( Li near Al gebra):
#i##### Al variables that are functions of tinme are defined ######

al i as(beta=beta(t)):alias(phi=phi(t)):alias(theta=theta(t)):alias(betag=betag(t)):alias(phig=phig(t)
):alias(thetag=thetag(t)):alias(delta_r_RBl=delta_r_RB1(t)):alias(delta_r_RB2=delta_r

delta_r_RB3=delta_r_RB3(t));

b, f, g, betag, phig, thetag, delta r_RB1, delta_r_RB2, delta r_RB3
I R
#tH#####E Rotation matrices defined ##########
I R

Ql: =<<cos(theta) | sin(theta) | 0>, <-sin(theta) | cos(theta) | 0>, <0 | 0| 1>>:
@:=<<1] 0] 0>, <0 | cos(phi) | sin(phi)>, <0 | -sin(phi) | cos(phi)>>:
@B: =<<cos(beta) | 0| -sin(beta)>, <0 | 1] 0>, <sin(beta) | 0| cos(beta)>>:

@BRQL: =sinplify(MatrixMatrixMiltiply(@3, MatrixMatrixMiltiply(Q2,Ql))," ' size'):

@BR: =sinplify(MatrixMatrixMltiply(Q@3, @), " size'):
QQL: =MatrixMatrixMil tiply(Q2, QL):

HAHBHHBHHBHHBHHHRHHBHH B
#it## | nertia Matrix #it###
HAHBHHBHHBHHBHHHHHHBHH R
J:=<<Jpll | Jpl2 | Jpl3>, <Jp21 | Jp22 | Jp23>, <Jp31 | Jp32 | Jp33>>;
élpll Jpl2 Jpl3u

J: —g.]le Jp22 1n7’%'

&p31 Jp32 Jp33d

RRHE R TR R e it e
#it##HH Angul ar vel oci ty #it##H#t#H#t#HH
R R R Rt e

onmega: =Matri xVectorMul ti pl y(Q3, (Matri xVector Ml tiply(QQL, <0, O,

diff(theta,t)>)+l\/latrixVectorl\/UItipIy(QR,<diff(phi t), O, O>)+<O diff(beta,t), 0>)); #in e

e a
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I
####### Angul ar Accel erati on #####
I
al phal: =di ff (onmega[1],t):
al pha2: =di ff (onmegal[ 2] ,t):
al pha3: =di ff (omega[ 3] ,t):
al pha: =<al phal, al pha2, al pha3>; #in e
gs‘n(b)ﬂ—bg f— cos(b)apﬂ—zf8 cos(b) b cos(f) +sn(b)sn(f) f=
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I R R
##### Shaft Di spl acenent s #########H
I R

rho: =<0, -rlp, 0> #in e_prinme
eou
r:erlpﬂ
g Py
eou
Gamra: =<0, -rlp-rrp, 0> # in E
g o
G:=¢grlp- rrpy
e Y
e 0 u

pi:=<0, rrp, 0> # in e_prine

&del Ld_l’_RBlH
D:=gdelta_r_RB2U
&delta_ r_RB30

IR R
##### Vel ocities of the above di spl acement vectors #####
I R R
d_Deltal:=diff(Delta[1],t):
d_Delta2:=diff(Delta[2],t):
d_Delta3:=diff(Delta[3],t):
d_Delta:=sinmplify(<d_Deltal, d_Delta2, d_Delta3>,"'size'):

I PR R R
#H####### Rotation of bearing displacenments to E ######
#tHH#H###E 10 get bearing forces ######H###RHHHH#RHHHHHHT
I

pi _E:=sinplify(MatrixVectorMiltiply(Mtrixlnverse(@QQLl),pi)):
rho_E:=sinmplify(MatrixVectorMiltiply(Mtrixlnverse(@QL),rho)):

delta: =sinplify(Delta-pi _E+rho_E-Gamma): #in E
d_deltal:=diff(delta[1],t):
d_delta2:=diff(delta[2],t):
d_delta3:=diff(delta[3],t):
d_delta:=sinmplify(<d_deltal, d_delta2, d_delta3>,'size'):
tau: =<taul, tau2, tau3>; #in e prine
étlu
u
t:= thH
et3u
HitHHHHHHHHHHHHHHHHH
#### Monents and forces acting on gear is defined ########
HitHHHHHHHHHHHHHH

M shaft:=<Mo_shaftl, Mp_shaft2, M_shaft3>; #in e_prine or

M p_shaftla
M_shaft := p_shaftZﬂ
p_shaft3u

FpG =<FpGl, Fp&X2, FpG3>; #in e_prine
&-pG1lu

MG =<MpGl, M@, MG3>; #in e_prine
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I R R
###### Eval uation of Bearing Forces ########
I R

I i
#### Stiffness and danping of bearings are defined ####
I R

k_RB:=<<-kp_ RBL | O] 0>, <0 | -kp_RB2 | 0>, <0 | O | -kp_RB3>> #in E

ée kp_RB1 0 0 Y
k RB:= g 0 -kp_RB2 0 H
e 0 0 -kp_RB3u

C_RB:=<<-c_R| O] 0>, <0| -c_R| 0>, <0 ] O -c_R>>; #in E
c

goR 0 04
c RB :=g 0 -cR O H
e o0 0 -cRu
k_LB:=<<-kp_LB1 | O] 0>, <O | -kp_LB2 | 0>, <0 | O | -kp_LB3>>;, #in E
éekp_LBl 0 0 H
k LB :g 0 -kp_LB2 0 H
e 0 0 -kp_LB3u

c LBi=<<-c_L | O] 0>, <0 | -c_L| 0>, <0 ] O | -c_L>>; #inE

clL O 0 H
0 -cL ouU
0 0 -clu
FRB: =Mat ri xVectorMul ti pl y(k_RB, Del ta) +Matri xVectorMultiply(c_RB,d_Delta): #in E
FLB: =Matri xVectorMul ti pl y(k_LB, delta)+MatrixVectorMultiply(c_LB,d _delta): #in E

cLB:=

O@ODP:

I R R
#### Conversion of bearing forces into e_prine basis ######
I R R R

FRB_e_p: =MatrixVector Ml tiply(Q@QL, FRB):
FLB e_p:=sinmplify(MtrixVectorMiltiply(QQL, FLB), 'size'):

I R R R
#H##### Total Moment about Center of mmss in e prinme #####
I R R R

M =si mpl i f y( MpG+M shaft +Cr ossPr oduct ( pi , FRB_e_p) +Cr ossPr oduct (r ho, FLB_e_p) +Cr ossPr oduct (t au, FpG), ' si
ze'):

BHHHHH B H
#### Conversion of Mto e basis ######
BHHHHH BT H
Me:=sinplify(MatrixVectorMiltiply(@B, M, " 'size):

IR R
##### Center of mass position defined #########
IR

r_cm=Delta-pi _E; #in E
gdelta_r_RBl +cog(f ) sn(q) rrpg
r_cm:=¢gdelta_r_RB2 - coy(f) cos(q) rrpy
€ delta_r_RB3- sin(f)rrp H
r_cml:=sinmplify(r_cn{1]):
r_cm2:=sinmplify(r_cni2]):
r_cmB:=sinmplify(r_cn{3]):
ddr _cml: =sinmplify(diff(r_cml, t$2)):
ddr_cnR:=sinmplify(diff(r_cnm, t$2)):
ddr_cnB:=sinmplify(diff(r_cnB,t%$2)):
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I R
###### Total Forces on the gear in E basis ########
I R

FG E: =sinplify(MatrixVectorMiltiply(Mtrixlnverse(@QL), FpQ);

écos(q) FpG1 +sin(f ) sin(q) FpG3 - cos(f ) sin(q) FpG2u
FG E = g:os(f)cos(q)FpGZ sn(f)cos(q)Fpes+gn(q)Fpelﬂ
sin(f ) FpG2 + cog(f ) FpG3

\%

F: =FG_E+FLB+FRB; #in E

gcos(q) FpG1 +sin(f)sin(q) FpG3 - coy(f) sin(q) FpG2 - kp_LB1 (delta r_RB1 + cos(f ) sin(q) rrp + cos(f ) sin(q) rip)

& & o . o o o 60 &l ou
-cL gcos(q)cos(f ) (rIp+rrp)gﬁq3- sn(q)sn(f)(rlp+rrp)gﬁf 3+ gﬁdelta_r_RBlgg- kp_RB1 delta_r_RB1 - c_Rgﬁdelta_r_RBlgﬂ

écos(f)cos(q) FpG2 - sin(f) cos(q) FpG3 +sin(q) FpGl- kp LB2 (delta r RB2 - cos(f ) cos(q) rrp - co(f ) cos(q) rlp +rlp +rrp)

-C Lgsn(q)oos(f)(rlpﬂrp) gﬂ q= +cos(q)sn(f)(r|p+rrp) gﬂ f=x +§‘ﬂ delta_r RBZ——- kp_RB2 delta_r_RB2 - ¢ Rg—delta r_RB2=

e & o] 00
in(f ) FpG2 + cos(f ) FpG3 - kp_LB3 (delta r_RB3 - sin(f - an(f)rip)- c_LEg-cox(f) (rlp+ —f =+ g—delta r_ RB3==
Esin(f) FpG2 + co(f ) Fp p_LB3 (delta_r_| sin(f) rrp- sin(f) rip) - c_L §- cos(f) (rlp rrp)gﬂt - gﬂt ar_RB3=
& ou
- kp_RB3delta r RB3- c R g— delta_r_RB3={
Tt au

BHHHHH BRI
#i###### Bal ance of Linear Monentum in E basis #######
BHHHHH BT H R

V V.V VYV

r_cml:=delta r_RB1 + cos(f ) sin(q) rrp
r_cm2:=delta r_RB2 - cos(f) co(q) rrp

r_cm3:=delta r_RB3- sn(f) rrp

2 2 2 9 R N
ddr_cml: —g—zdelta r RBl— cos(f)gﬂ f— sn(q) rrp - sin(f) f_sn(q)rrp- an(f)g—ficos(q)g—qirrp

[ Mt o Tt o

Tt 2 Mt o
..2 2 8

COS(f)Sm(Q)g11 o2 ffP+COS(f)COS(Q)?—q rp
ﬂt 2}

2

IR i
##### Equations of notion are found ##########H#H
I R

I R
HitHHHRHH Equat | on 1 ####BTHTHHH I
I R
mass_i d*ddr _cmil=F[ 1] ;

mass idgﬁngdelta r RBl— cos(f)g f— sn(q)rrp - sn(f)?f Tsin(q) rrp - Zsjn(f)gﬂ—fgcos(q)gﬂqgrrp
- ﬂt Mt o Mt o Tt ‘o

& &2 0 6
cos(f)sn(q)g—qx rrp +cos(f) cos(q) € azrmpz
Mt o o

- kp_LB1 (delta r_RB1 +cos(f ) sin(q) rrp + cos(f ) sin(q) rip)

cos(q) FpG1l +s€in(f ) sin(q) FpG3 - coy(f ) sin(q) FpG2

e & o . o o o 69 &l 0
-clL gcos(q)cos(f ) (rIp+rrp)gﬁq3- sn(q)sn(f)(rlp+rrp)gﬁf 3+ gﬁdelta_r_RBlgg- kp_RB1 delta_r_RB1 - c_Rgﬁdelta_r_RBlg
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>R
> Ht##H##RHH Equat i on 2 #it#RTTH#HHI]
>R
> mass_i d*ddr_crrﬂ:F[ 2];
2 ®/2 0
mass_id —deltar _RB2% +cos(f)g fI cos(q) rrp+sin(f) ¢——f: cos(q)rrp an(f)g—fx (q)g qurp
5 Mt o ﬂtz 5 Tt
2 26 9
+<:c)3(f)<:c)3(q)§‘"t % rrp+cos(f)sn(q)§—q rrp_ cos(f) cos(q) FpG2 - sin(f) cos(q) FpG3 +sin(q) FpGl
ﬂt g o

- kp_LB2 (delta r_RB2 - cog(f ) cos(q) rrp- co(f ) cos(q) rlp +rlp +rrp)
c La?sjn f)(rip+rr il 6+ sn(f) (rlp+rr aaT—f(l'j+aaT—deIta r RBZ(l'j(l'j kp_RB2 delta r RB2- ¢ Raé"—delta r RBZ(l'j

AR R R T R R TR
#ittHHHHHHT Equati on 3 #####H#H#H#HTHHHT
AR R R T R R TR

mass_i d*ddr _cnB=F[ 3] ;

20 0

2
mass |d§§—delta r RB3* +sn(f)g—f— rep- cos(f)?—zf—rrp_-sn(f)FpGZ+cos(f)FpGS
I’}

V VVV VYV

V VVVYVYVYV

M o o

. . & & o o 60
- kp_LB3 (delta r RB3- sin(f)rrp- sin(f)rlp)- c_L g-oos(f ) (rlp +rrp) %ﬁf 3+ %ﬁ delta_r_RBSgg- kp_RB3 delta_r_RB3
0
- c_R?idelta_r_RBSi
Tt [

I R
#### Bal ance of Angul ar Monentum in E ########
I O

BAM =si npl i fy(MatrixVectorMl tiply(J,al pha)+CrossProduct (onega, Matri xVectorMil tiply(J, onega)), ' size'
):

I
#it#### Equat i on 4 #ef#iHHRtH
I
sinplify(Me[1]=BAM 1], "' si ze');

~rlpcos(b) ¢ _L (sin(f )2 sin(q)2 + cos(f )2 + sin(f )2 cos(q)2) (rlp + rrp) ?ﬁf %

+(rrpc_R- rlpc_L) (cog(b) sin(f) cos(q) - sjn(b)sjn(q))?ﬁdelta_r_RBzg

. . . & 0 . L2 2 & 0
- (rrpc_R- rIpc_L)(sn(b)cos(q)+cos(b)sn(f)sn(q))gﬂtdelta_r_RBlaﬂlpsn(b)c_Lcos(f)(sn(q) +cos(q) )(rIp+rrp)§ﬂtqa
- cog(b) cog(f) (rrpc_R- rIpc_L)?ﬁdelta_r_RBsgﬂkp_LBlrlpsin(f)cos(f ) (r|p+rrp)sin(q)2

- delta_r_RB1s€n(f) (rrpkp_RB1 - ripkp_LB1) sin(q) +kp_LBZrIpsjn(f)cos(f)(r|p+rrp)<:os(q)2

+((rrpkp_RB2 - ripkp_LB2) delta r_ RB2 - rlpkp_LB2 (rlp +rrp)) sin(f ) cos(q) - rlp cos(f ) kp_LB3 (rlp +rrp) sin(f )

- delta_r_RB3 (-rlp kp_LB3 +rrpkp_RB3) cos(f ) - t3FpG2 + MpGL1 + Mp_shaftl +t2 FpG3) cos(b) - sin(b) (

(-rlpcog(f) (rlp+rrp) (kp_LB1- kp LB2) cos(q) + (rrpkp_RB2 - rlp kp_LB2) delta_r_RB2 - rlpkp_LB2 (rlp +rrp)) sin(q)
+delta r_RB1 (rrpkp_RB1- rlpkp LB1) cos(q) + MpG3 - t2 FpG1 + Mp_shaft3 +t1 FpG2) =

2 0 2 0 6%120

(JIp13 cog(b) cog(f ) - Jpllsn(b)oos(f)+.]p125n(f))§"—q +(Jp13sn(b)+.]pllcos(b))§—f +Jpl26— bz
ﬂtz 2} it & it o

2
+ ((cos(b) cos(f )2 Jp21 - sin(f ) Jp31 cos(f )) sin(b) - cos(b)? cos(f )2 Jp23 - sin(f ) cos(f ) (Ip22 - Jp33)Mb)+§n(f)2Jp32)§q§ +§?
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sin(b)? 3p21 cos(f ) + (- 2 Jp23 cos(b) cox(f ) - Sn(f ) (Jp22 - Ipl1- Jp33)) sin(b) - cos(b)? cos(f ) Jp2L +sin(f ) (- Jp13 + Jp31) cos(b)
+Jp12<:os(f))§%f%- %b%(cos(f)(Jp13+Jp31)gn(b)+cos(f)(Jp11- Jp33 +Jp22) cos(b) - 2Jp32§n(f))%§%q%

2 ) ) 2
+(-sin(b) Jp21 cos(b) - Qn(b)zJp23)§f§ +§%bg(up33- Jpll- Jpzz)s‘n(b)+cos(b)(Jp13+Jp31))§f§+Jp32§b§

C>
T > iR R
C > ##t#### Equati on 5 #####t###tH#H
T > iR R
r > sinplify(Me[2]=BAM 2], "' size');
2 9
MpG2 + Mp_shaft2 + t3FpG1 - t1 FpG3 = (Jp22sin(f) - Jp21 sin(b) cos(f ) + Ip23 cos(b) cos(f ))g—zqi
1" o
2 0 2 0
+(Jp23$in(b)+Jp21<:os(b))?—fi+.]p22%1—bi
it~ o Mt~ o
o 9
0 e
- (cos(f)sjn(b)zJp31+(-cos(f)(Jp33- Jpll) cog(b) - Jp32s€in(f)) sin(b) - sin(f ) Jp12 cos(b) - cos(f)JplScos(b)z)cos(f)gﬁqg +g(
cos(f) (Jp33 - Jpll)sin(b)2+(2cos(f ) (Ip13 + Jp31) cog(b) +sin(f ) (Ip21 +Ipl12)) sin(b) - cox(f ) (Ip33 - Jpll)cos(b)2
in(f ) (IJp23 + Jp32 b) +Jp22 cog(f aaT—fgaﬂ—bQJZS Jp32) sin(b b) (- Jp21 + Jp12 fgﬂ—g
- sin(f) (Ip23 + Ip32) cox(b) + Ip22 cos(1)) g f == £ D=((Ip23- Ip32) Sn(b) - co(b) (- Ip21 + Ip12)) cos(f ) =B o>
ae‘b2‘113+ b) (Jp33- Jpll) sin(b) + bZJSlaa—ngaﬂ—bg Jp21 +Jp12) sin(b) + b) (Jp23 - Jp32 Qaaifg
- §(-sin(b)” Jp13 + cos(b) (Ip33 - Ip11) sin(b) + cos(b)” IpBL) o f=- £ b=((- Ip21 + Ip12) sin(b) + cos(b) (Ip23 - Ip32)) T f =
T > iR
C > ##t##### Equati on 6 #it#t#####HHH#H
C

>

>
>R R
>

> sinplify(Me[3]=BAM 3], "'size');

-rlpc L sin(b)(sin(f)zsjn(q)2+cos(f)2+sjn(f)2cos(q)2)(rIp+rrp)§%f%
+(rrpc_R- rIpc_L)(cos(b)s‘n(q)+sjn(b)sjn(f)cos(q))?ﬁdelta_r_RBzg
. . . o o) . 2 2 o 0
+(rrpc_R- rlpc_L) (cos(b) cos(q) - sn(b)sn(f)sn(q))gﬁdelta_r_RBla- rlp cos(b) c_L co(f) (sin(q)” +cos(q) )(rIp+rrp)§ﬁqa
- sin(b) coy(f) (rrpc_R- rIpc_L)?ﬁdelta_r_RBsgﬂkp_LBlrlpsin(f)cos(f ) (rIp+rrp)sin(q)2

- delta_r_RB1sin(f) (rrpkp_RB1 - rlpkp_LB1) sin(q) + kp_LB2 rlp sin(f ) cos(f ) (r|p+rrp)<:os(q)2
+((rrpkp_RB2 - ripkp_LB2) delta r_ RB2 - rlpkp_LB2 (rlp +rrp)) sin(f ) cos(q) - rlp cos(f ) kp_LB3 (rlp +rrp) sin(f )
- delta_r_RB3 (-rlpkp_LB3 +rrpkp_RB3) cos(f ) - t3FpG2 + MpG1 + Mp_shaftl +t2 FpG3) sin(b) + (
(-rlpcos(f) (rlp+rrp) (kp_LB1- kp LB2) cos(q) + (rrpkp_RB2 - rlp kp_LB2) delta_r_RB2 - rlpkp_LB2 (rlp +rrp)) sin(q)
+delta_r_RB1 (rrpkp_RB1 - rlpkp_LB1) cos(q) + MpG3 - t2 FpG1 + Mp_shaft3 +t 1 FpG2) cos(b) =

aﬁz 0 aiTZ o 2 9
(Jp33 cos(b) cos(f ) - JpSlsjn(b)oos(f)+Jp325jn(f))g—zq;+(.]p339‘n(b)+Jp31cos(b))§—2f;+.]p32 —zb;

™ o It~ o it o
2

+ (sin(b)2 cos(f )2 Ip21 - cos(f ) (Jp23 cos(b) cos(f ) +sin(f ) (Jp22 - Ip11)) sin(b) - sin(f )2 Jp12 - gn(f)Jplscos(b)cos(f))?ﬁq% +§?
~sin(b)Z cos(f ) Jp23 + (- 2 cos(f ) Jp2L cos(b) + sin(f ) (- Ip13 + Jp3L)) sin(b) + cos(b) Ip23 cos(f ) +sin(f ) (Jp22 - IpL1- Ipa3) cos(b)

o 6 o o ai)s iy 08 0
+Jp32cos(f))§ﬂtf5- gﬂtba(cos(f)(Jp33+Jp22 Jpll)sn(b)+cos(f)(Jp13+Jp31)cos(b)+2.]p129n(f))Egﬂtqa
2
4 & 0 & 90 . & 0 & 0
+(cos(b)2Jp21+cos(b)Jp239n(b))gﬁf3 - gﬁbg((‘]p13+.]p3l)sn(b)- cos(b) (Jp33 + Ip22 - Jpll))gﬁfg- Jplzgﬁbzj

92



LA e e T O e O o A B A
VVVVVVYVYVYV

LA 2 e e e e e e s e O B R B O B O

BHHHHH BT
#i##H##H### Conver sion Mesh Force From Pinion to |dl er #######H#HAHHH
BHHHHH BRI R

IR
#### Rotation matrix with misalignnent is defined ####
IR T
Qlg: =<<cos(thetag+theta_nmi) | sin(thetag+theta_m) | 0>, <-sin(thetag+theta_m) |
cos(thetag+theta_m) | 0>, <0 | 0 | 1>>;
ecos(thetag +theta_mi) sin(thetag + theta_mi) Ou
Qlg:= gsn(thetag +theta_mi) cog(thetag +theta_mi) Ou
0 lu
> QRg:=<<1] 0| 0>, <0 | cos(phi g+ph| _m) | si n(phi g+phi _mi)>, <0 | -sin(phig+phi_ni) |
cos( phi g+phi _m ) >>;
g 0 o
Q2g = g) cog(phig + phi_mi)  sin(phig + phi_mi)U
€0 -sin(phig + phi_mi) cos(phig + phi_mi)u
> RgQLlg: =si npl |fy(3| mplify(MatrixMatrixMiltiply(Q@g, Qlg),'size'));
cog(thetag + theta._ mi) sin(thetag + theta_mi) 0 H
Q2gQ1g := g- cog(phig + phi_mi) sin(thetag + theta_mi) cos(phig + phi_mi) co(thetag + theta_mi)  sin(phig + phi_mi)U
e sin(phig + phi_mi) sin(thetag + theta_mi) - sin(phig + phi_mi) cos(thetag + theta_ mi) cos(phig + phi_mi)u
I
### Forces and nonments to be rotated ####
I

F_mesh: =<-FpGl, -FpQ&2, -FpG3>: #in e_prine
M mesh: =<- MpGl, -MQ&2, -MG3>: #in e_prine
F_mesh_E: =sinplify(sinplify(MatrixVectorMltiply(Mtrixlnverse(@QQLl), F_nesh),'size')): #in
M mesh_E: =si nplify(sinplify(MatrixVectorMiltiply(Mtrixlnverse(@QQLl),Mnesh),'size')): #in

BHHHHH TR R TR
#### Rotated forces and noment on idler in E ####
BHHHHH BT R R

>
>
>
>
>
>
>
>
>
>
>
>
>
> FGa: =sinmplify(sinplify(MtrixVectorMltiply(Q@gQlg, F_nesh_E),'size')):

>

> FGla: =FG[ 1] ;

FG1la :=- dn(thetag + theta_mi) sin(q) FpG1 - sin(thetag + theta_mi) cos(q) cos(f ) FpG2 + sin(thetag + theta_mi) cos(q) sin(f ) FpG3

+ cog(thetag + theta_mi) sin(q) cos(f ) FpG2 - cox(thetag + theta_mi) sin(q) sin(f ) FpG3 - cog(thetag + theta_mi) cos(q) FpG1l
> FQa: =F&[ 2] ;

FG2a := - cog( phig + phi_mi) sin(thetag + theta_mi) sin(q) co(f ) FpG2 + cos(phig + phi_mi) sin(thetag + theta_mi) sin(q) sin(f ) FpG3
+ cog(phig + phi_mi) sin(thetag + theta_mi) cos(q) FpG1 - coy(phig + phi_mi) cos(thetag + theta mi) sin(q) FpG1
- cog( phig + phi_mi) cos(thetag + theta_mi) cos(q) co(f ) FpG2 + cog(phig + phi_mi) cog( thetag + theta_mi) cos(q) sin(f ) FpG3
- sin(phig + phi_mi) sin(f ) FpG2 - sin(phig + phi_mi) cox(f ) FpG3

> FQ&Ba: =F&[ 3] ;

FG3a :=sin(phig + phi_mi) sin(thetag + theta_mi) sin(q) cos(f ) FpG2 - sin(phig + phi_mi) sin(thetag + theta_mi) sin(q) sin(f ) FpG3
- sin(phig + phi_mi) sin(thetag + theta_mi) cos(q) FpG1 + sin( phig + phi_mi) co(thetag + theta_mi) sin(q) FpG1
+sin(phig + phi_mi) cos(thetag + theta. mi) cos(q) cox(f ) FpG2 - sin(phig + phi_mi) cos(thetag + theta_mi) cos(q) sin(f ) FpG3

- cog(phig + phi_mi) sin(f ) FpG2 - cos(phig + phi_mi) cog(f ) FpG3
> M&: =sinmplify(sinplify(MtrixVectorMltiply(@gQlg, M nesh_E),'size')):
> MGla: =M&E[ 1] ;

MG1a := cog(thetag + theta_mi) cos(f ) sin(q) MpG2 - cog(thetag + theta_mi) sin(f ) sin(q) MpG3 - cog(thetag + theta_mi) cos(q) MpG1
- gn(thetag + theta_mi) sin(q) MpG1 - sin(thetag + theta_mi) cos(f ) cos(q) MpG2 + sin(thetag + theta_mi) sin(f ) cos(q) MpG3

> MXRa: =M&x][ 2] ;

MG2a := - coy(phig + phi_mi) sin(thetag + theta_mi) cos(f ) sin(q) MpG2 + cog(phig + phi_mi) sin(thetag + theta_mi) sin(f ) sin(q) MpG3
+ cog(phig + phi_mi) sin(thetag + theta_mi) cos(q) MpGL1 - cos(phig + phi_mi) cos(thetag + theta_mi) sin(q) MpG1
- cog(phig + phi_mi) cos(thetag + theta_mi) cos(f ) cos(q) MpG2 + cos( phig + phi_mi) cos(thetag + theta_mi) sin(f ) cos(q) MpG3
- sin(phig + phi_mi) sin(f ) MpG2 - sin(phig + phi_mi) co(f ) MpG3

> M3a: =M&][ 3] ;
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MG3a := sin(phig + phi_mi) sin(thetag + theta_mi) cog(f ) sin(q) MpG2 - sin(phig + phi_mi) sin(thetag + theta_mi ) sin(f ) sin(q) MpG3
- sin(phig + phi_mi) sin(thetag + theta_mi) cos(q) MpG1 + sin(phig + phi_mi) cos(thetag + theta_mi) sin(q) MpG1
+ sin(phig + phi_mi) cos(thetag + theta_mi) cos(f ) cos(q) MpG2 - sin(phig + phi_mi) cog(thetag + theta_mi) sin(f ) cos(q) MpG3
- cog(phig + phi_mi) cos(f ) MpG3 - cos(phig + phi_mi) sin(f ) MpG2

>

>R R R R P

> ########## Conversion of Mesh Force From | dl er to Gear #####H#H#HHHHHHHHH

>R RO R R R R

>

>R RO

> #### Rotation matrix with msalignnent is defined ####

>R R RO

>

> Qlg: =<<cos(thetag+theta_mg) | sin(thetag+theta_ng) | 0>, <-sin(thetag+theta_ng) |

cos(thetag+theta_ng) | 0>, <0 | 0 | 1>>;
écos(thetag +theta_mg)  sin(thetag + theta_mg) Ou
Qlg:= g- sin(thetag + theta_mg) cog(thetag + theta_mg) OH
e 0 0 1u
> Rg:=<<1 | 0| 0>, <0 | cos(phig+phi_ng) | sin(phig+phi_mg)>, <0 | -sin(phig+phi_mg) |
cos( phi g+phi _ng) >>;
g 0 o 1
Q2g =0 cos(phig#phi_mg)  dn(phig + phi_ma)y
€0 -sin(phig +phi_mg) cos(phig + phi_mg)u
> RgQlg: =sinplify(sinmplify(MatrixMatrixMiltiply(Qg, QLg),'size'));
g cog(thetag + theta_mg) sin(thetag + theta_mg) 0 H
Q2gQ1g := g- cog( phig + phi_mg) sin(thetag + theta_mg) cos(phig + phi_mg) cos(thetag + theta_ mg)  sin(phig + phi_mg)u
e sin(phig + phi_mg) sin(thetag + theta_mg) - sin(phig + phi_mg) cos(thetag + theta_mg) cog(phig + phi_mg)u

BHHHHH BB
### Forces and nonents to be rotated ####
BHHHHH TR

F_mesh: =<-FGlb, -FQ&b, -FG3b>; #in e_prine

éeFGle

F_mesh :=g—FGZbH

e FG3bu

> M nesh: =<- MGlb, -MXb, -M33b>; #in e_prine

éeMGle

M_mesh :=gMGZbH

e MG3bu
F_mesh_E: =sinplify(sinplify(MatrixVectorMltiply(Mtrixlnverse(@QQLl), F_nesh),"'size')): #in E
M mesh_E: =si nplify(sinplify(MtrixVectorMltiply(Mtrixlnverse(@QQLl), M nesh),'size')): #in E

BHHHHH BT R
#### Rotated forces and nonment on idler in E ####
BHHHHH BT R

FgG =sinplify(sinmplify(MatrixVectorMiltiply(Q@gQlg, F_nesh_E), " 'size')):
FgGL: =Fgd 1] ;
FgG1 := coy(thetag + theta_mg) co(f ) sin(q) FG2b - cog(thetag + theta_mg) sin(f ) sin(q) FG3b - cos(thetag + theta_mg) cos(q) FG1b
- dn(thetag + theta_mg) FG1b sin(q) - sin(thetag + theta_mg) cos(q) co(f ) FG2b + sin(thetag + theta_mg) cos(q) sin(f ) FG3b
> Fg&2: =Fgqd 2] ;
FgG2 := - cos(phig + phi_mg) sin(thetag + theta_mg) co(f ) sin(q) FG2b + cog( phig + phi_mg) sin(thetag + theta_mg) sin(f ) sin(q) FG3b
+ cog( phig + phi_mg) sin(thetag + theta_mg) cos(q) FG1b - cog(phig + phi_mg) cos(thetag + theta_mg) FG1b sin(q)
- cog(phig + phi_mg) cos(thetag + theta_mg) cos(q) cos(f ) FG2b + cos( phig + phi_mg) co(thetag + theta_mg) cos(q) sin(f ) FG3b

- sin(phig + phi_mg) sin(f ) FG2b - sin(phig + phi_mg) cos(f ) FG3b
> FgG3: =Fg(d 3] ;

FgG3 := sin(phig + phi_mg) sin(thetag + theta_mg) cos(f ) sin(q) FG2b - sin(phig + phi_mg) sin(thetag + theta_mg) sin(f ) sin(q) FG3b
- sin(phig + phi_mg) sin(thetag + theta_mg) cos(q) FG1b + sin(phig + phi_mg) cog(thetag + theta_mg) FG1b sin(q)
+sin(phig + phi_mg) cos( thetag + theta_mg) cos(q) cos(f ) FG2b - sin(phig + phi_mg) cos(thetag + theta_mg) cos(q) sin(f ) FG3b
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11

- cog(phig + phi_mg) sin(f ) FG2b - cog(phig + phi_mg) cos(f ) FG3b

> MyG =sinmplify(sinplify(MtrixVectorMltiply(@gQlg, M nesh_E),"'size')):

> MyGL: =My 1]

MgGL1 := cog(thetag + theta_mg) cos(f ) sin(q) MG2b - cos(thetag + theta_mg) sin(f ) sin(q) MG3b - cog(thetag + theta_mg) cos(q) MG1b
- dn(thetag + theta_mg) MG1b sin(q) - sin(thetag + theta_mg) cos(q) cos(f ) MG2b + sin(thetag + theta_mg) cos(q) sin(f ) MG3b

> M&: =Myg 2] ;

MgG2 := - coy(phig + phi_mg) sin(thetag + theta_mg) cos(f ) sin(q) MG2b + cog(phig + phi_mg) sin(thetag + theta_mg) sin(f ) sin(q) MG3b
+ cog(phig + phi_mg) sin(thetag + theta_mg) cos(q) MG1b - cos(phig + phi_mg) cog(thetag + theta_mg) MG1b sin(q)
- cog( phig + phi_mg) cos(thetag + theta_mg) cos(q) co(f ) MG2b + cog(phig + phi_mg) cos(thetag + theta_mg) cos(q) sin(f ) MG3b
- sin(phig + phi_mg) sin(f ) MG2b - sin(phig + phi_mg) cos(f ) MG3b

> M&: =My g 3]

MgG3 :=sin(phig + phi_mg) sin(thetag + theta_mg) cos(f ) sin(gq) MG2b - sin(phig + phi_mg) sin(thetag + theta_mg) sin(f ) sin(q) MG3b
- sin(phig + phi_mg) sin(thetag + theta_mg) cos(q) MG1b + sin(phig + phi_mg) cos(thetag + theta_ mg) MG1b sin(q)
+sin(phig + phi_mg) cos(thetag + theta_mg) cos(q) cos(f ) MG2b - sin(phig + phi_mg) cos(thetag + theta_mg) co(q) sin(f ) MG3b
- cog(phig + phi_mg) sin(f ) MG2b - cos(phig + phi_mg) cos(f ) MG3b
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NOMENCLATURE

CD Center Distance variation

Fr Friction Force

Mt Friction Moment

POSCON Position constant

TE Transmission Error

Xpbl Left Pinion Bearing Deflection

Xpbr Right Pinion Bearing Deflection

Xgbr Right Gear Bearing Deflection

Xgbl Left Pinion Bearing Deflection

Xp3 Pinion Deflection from Original Position
Xg3 Gear Deflection from Original Position
B Angular Motion in axis E;

o Angular Motion in axis E;

0 Angular Motion in axis E3

Om Angular Misalignment in axis E3

dm Angular Misalignment in axis Ex

® Rotational speed

Subscripts “p” and “g” denote pinion and gear respectively. Subscripts 1,2 and 3
denote axis Ei, E», and Es respectively.
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CHAPTER1 INTRODUCTION

This program is composed of a set of subroutines that are added to the existing LDP
program. It replaces the LDP program, therefore any analysis performed by LDP are
doable in Dynamic LDP. The previous LDP109 input files are usable, and output files
are the same as before. Units are consistent with those of LDP. The dynamic analysis
is the solution of a geared shaft system in time domain. For this, balance of linear and
angular momentum is applied to bodies.

d

d 1)
—P=>F and —H=) M,
dt — ! dt Z '

The solution is obtained using the Runge-Kutta 4™ order technique. Any result is in
time domain, and the step size is fixed. Note that GGR outputs are displayed with
respect to mesh position. If dynamic analysis is done, then the position of the gears are
found in time domain, but GGR outputs are still with respect to mesh position. Hence,

one mesh cycle is the amount of time in which one cycle is covered.
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CHAPTER 2 SETTINGS TO RUN DYNAMIC ANALYSIS

There are two ways of getting dynamic analysis to work. First one is to enter a new
data set from scratch. This will make the program ask for dynamic parameters along
the way. The second way is to use an existing input file. In either cases to enable
dynamic analysis the PROGRAM CONTROL menu is used as shown in Fig. B. 1.

PROGRAM CONTROL <ENGLISH UMITX

ALL DATA

BEGINNING POSITION CONSTANT @.8488
ENDING POSITION CONSTANT a.797
MUMBER OF EQUALLY SPACED POSITIONS TO ANALYZE 79
MULTIPLIER FOR # OF POINTS ACROSS FACE 4 .8488
INCLUDE SHAFT EFFECTS IM T.E. CALCULATIONS <Y.N>
HOW PROFILE MODIFICATIONS EMTERED (I F-B-M>
INUOLUTE OR CROSS MODIFICATION <I~C»

ARE THERE SPACIMNG ERRORS? (Y./MN)

CREATE DYNAMICS AMALYSIS (=.GRD>» FILE? <(Y.-N>

USE OFF LIME OF ACTION MODEL? (Y¥.M)>

PERFORM MULTI-SIHGLE TORQUE AMALYSIS <(M-5>
FRICTION COEFFICIENT

PERFORM UARYING TORGQUE ANALYSIS (Y N>

P S _AMALYSIS (Y¥-/H>

ENTER LETTER<S> OF WHAT TO CHANGE

HemoI-~-TITommEom D
e EENrC =

Fig. B. 1. Change in Program Control Menu

Dynamic run is specified by the DYFLG. For internal programming reasons profile
modification should be turned on even if there is no modification on the gears.
Attention is needed here because LDP input file will store any modifications that user
may have entered, so that the user may switch profile modification on and off without
having to enter them explicitly. But if dynamic run is selected it will force interactive

modifications to be open. If there have been any modifications but the interactive

107



modification option was closed, they become open now. Therefore it is better to check
involute and lead data to see if they are set what they are supposed to be. Fig. B. 2
shows the main menu. The INVOLUTE DATA and LEAD DATA that needs to be
verified are items J and K. After enabling dynamic run, a new menu should appear as
P-DYNAMIC PARAMETERS.

MAIN MEHWU

— ALL GROUPS

— GEAR DATA

— HOB DATA

— MATERIAL PROPERTIES
— TOOTH DATA

— PROGRAM CONTROL
— TOOTH MODEL

— PINION SHAFT DATA
— GEAR SHAFT DATA

— LEAD DATA

— INUOLUTE DATA

— CROSS MOD DATA

P — DYNAMIC PARAMETERS

ENTER LETTER<S» OF GROUPCS> TO CHANGE

HEO=IOTEmEOE D

Fig. B. 2. Change in the Main Menu.
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CHAPTER3 MENUS

The dynamic parameters are grouped under 5 submenus. Fig. B. 3 shows the main
menu. Some items are not always available due to the selected model. For instance if
no shafts exists in the model, then D-DIMENSIONS AND CONFIGURATION OF
SHAFTS menu is trimmed.

MATN DYMAMIC GROUPS
ALL GROUPS

MODEL..........c.... » 3D RIGID SHAFT
GEAR AND SHAFT DATA

DIMENSTONS AND CONFIGURATION OF SHAFTS
BEARING DATA

GONTROL PARAMETERS

UTEW QUICK RESULTS

LOAD DEFAULT VALUES

ENTER LETTER<S» OF GROUP<{S> TO CHANGE

ThommIan D

Fig. B. 3. Main Dynamic Groups menu

3.1 Model Menu

The program includes five different models of a gearbox. A selection should be made
upon the assumptions. Gears are always assumed to be rigid disks. If there is shaft
model present, then two bearings can be located anywhere along the shaft. This geared
shaft is connected to a motor and a loading via torsional stiffness, where motor and
loading is modeled as simple rotatory disks. Loading and motor torque are constant.
Fig. B. 4 shows a schematic of the general model. The model menu allows different
models for the geared shafts, but rest of the system is the same. Only gears and Gears
Without Bearings models disable the torsional stiffness and inertia for motor and load.

Table B. 7 explains the models.
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Model Name Three Flexure of Torsion of Bearings
dimensional arbor shafts shafts
motion of
arbor shafts

3-D Rigid Shaft Yes No Yes Yes
Flexible Shaft Yes Yes Yes Yes
Simple Shaft No No Yes Yes
Only Gears No No No Yes
Gear_s wio No No No No
Bearings

Table B. 7. Model description.

Driveshaft
(Torsional

Driver Motor
Inertia

(Torsional
Stiffness)

Geared shafts model is
selectable

Fig. B. 4. General schematic of the model.
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3.1.1 3-D Rigid Shaft

A three dimensional rigid shaft is the first model. It assumes the shaft on which gears
are mounted is rigid. Consequently no bending deformations are allowed. This shaft
rests on two bearings for each gear, which can deform in three dimensions. So, there
are a total of four bearings. Advantage of this model is that it allows whirling of
shafts. But this is in theory and yet to be confirmed by high-speed runs. The
disadvantage of this model is shaft bending modes are neglected. In addition torsional
stiffness of bearings cannot be me modeled, because additional equations are needed

for deflections.

3.1.2 3-D Flexible Shaft

This model incorporates transverse shaft deflection with Euler’s Beam Equation.
Beam has mass, so that several bending modes can be taken into account. Also
torsional bearing stiffness can be included. The disadvantage of this model is that it
does not couple angular motion with transverse motion, so that gyroscopic effects are
disabled. Other than these this model is same as 3-D Rigid Shaft model. This model is
good for applications, where shaft deflections are considerably high to affect load

distribution on gears and cause misalignment.

o'y @
E-|-—i’+m-at§’=f(x,t) @)

OX

3.1.3 Simple Shaft

This model treats shafts as pure torsional elements. There is no transverse arbor shaft
deflection. However bearings are still there but are assumed to be one for each gear
right under the gear. Fig. B. 5 shows a schematic view of the simple shaft model.
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Driveshaft

— (Torsional
Stiffness) Driver Motor
Inertia
Load shaft
(Torsional BN
Stiffness) Rigid
Loading Housing
Inertia
Rigid
Housing

Fig. B. 5. Simple Shaft Model

3.1.4 Only Gears

This is the next simplest possible model for a gear set. It consists of two rotary inertias
as gears, and two bearings at the LOA direction only. Shafts are removed. This model
is good for systems, where and shaft modes are far away from any excitation. Also it
IS necessary to make sure that shaft deflections does not cause misalignment,

otherwise this model is not suitable.

3.1.5 Gears without Bearings

The simplest model is the gears with no bearings. The disks representing gears rest on

a rigid base, and there are no shafts also. This is the default model in the program.

3.2 Gear and Shaft Data Menu

This menu is used for setting inertias, stiffness and damping for model. Drive inertia
refers to any motor or equipment rotary inertia that is connected to the pinion. Drive
shaft is the torsional component between motor and gearbox. Load inertia models the
brake or any kind of loading by a rotatory inertia. Similarly, load shaft stiffness is the
torsional stiffness between loading and gearbox. Mass and inertia for gear and pinion
is pre calculated assuming they are solid disks with radius equal to pitch radius of
gears. If a thin rim gear is used or for any application that alters the mass, additional
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mass and inertia may be set to compensate. Fig. B. 6 shows the menu that appears in

the program.

MASS,. STIFFHESS AND DAMPING UALUES FOR SHAFTS & GEARS

A - ALL GROUPS

B - DRIVE IMERTIA.............. 18 . 380680

C — DRIUE SHAFT STIFFMESS...... 1800886 . I0BBEA

D - DRIVE SHAFT DAMPING RATIO.. A.108060

E - LOAD IMERTIA.........ccca... A.644922

F - LOAD SHAFT STIFFMESS....... 18600886 . A0EBAR

G — LOAD SHAFT DAMPING RATIO... 8.188868

H — ADDITIONAL PINIOW INERTIA.. 8.6808808 <(CALCULATED= B.817858>
I — ADDITIONAL GEAR IWERTIA.... A.008808 <CALCULATED= B.827686>
J — ADDITIONAL PINION MASS..... A.008808 (CALCULATED= B.087854>
K — ADDITIOWMAL GEAR MASS....... d.8988888 (CALCULATED= B.818847>

ENTER LETTER<S> OF GROUP<S> TO CHANGE

Fig. B. 6. Gear and shaft data.

3.3 Dimension and Configuration of Shafts Menu

This menu is used for specifying the location of bearings and gears on the shafts, as
well as thickness of the shafts, misalignment and runout. If flexible or rigid shaft
model is not used, then this menu partially disappears. Fig. B. 7 shows the menu. For
fixing bearing locations and gears, side needs to be known such as left and right.
Dimension A is on the left side and dimension B is on the right side. An initial
misalignment can be given in angles for two angles 0, and ¢, which are rotations
corresponding to E; and Es respectively. In the current version only misalignment in ¢

affects load distribution.
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DIMEMSIONS AND CONFIGURATIOM OF SHAFTS

A - ALL GROUPS

B — PINION POSITION: OUERHANG FROM LEFTIL1,. RIGHTLR1. CENTEREDICI.

G — GEAR POSITION: OUERHAMG FROM LEFTILL1. RIGHTLR1. CENTEREDIC]...

Ir — BEARING POSITION FOR PIMION. . ... ... ieniniinnannans 5 .8884886
F — PINION SHAFT DIMENSION A_P.. ... ... .. coiiiiiaaaaans 4. A8RABA
G — PINION SHAFT DIMENSION B_P..... ... ... cccciiinannnnn 4. A8RABA
H — GEAR SHAFT DIMENSION A_G......c.cooeiiiniaiiiaannnn 4. A8RABA
I — GEAR SHAFT DIMEMSION B G..........cccccameaaianannas 4. A80ABA
J — PINION SHAFT RADIUS AT LEFT SIDE <CORR A_P»......... 1 .A80A8H
K — PINION SHAFT RADIUS AT RIGHT SIDE <CORR B_P>........ 1 .A80A8A
L — GEAR SHAFT RADIUS AT LEFT SIDE <CORR A_G>........... 1.A8068A
M - GEAR SHAFT RADIUS AT RIGHT SIDE <CORR B G>.......... 1.080686
H — RADIUS OF SHAFT INSIDE PIMIOM. . ... ... ... ciaoannnns 1.A80884
0 — RADIUS OF SHAFT INSIDE GEAR.......ccc.icieceiinnannans 1 .A88884
P — MISALIGHMENT <THETA> [DEGREES]..........c.ciucannann A.8808888
R — MISALIGHMENT <PHI> [DEGREES]1..........c.cc.ciumaannnn A.80A84
§ — PINION RUNOUT MAGNITUDE. ... ... o ccoeiiiaiaiiieannnn A.08108886
T — PINION RUNOUT FREQUENCY [1-REU]..........c...ccaonnnn 1.A80684
U — GEAR RUNOUT MAGMHITUDE. ... .....c.cciciiancaiincannnns A.887884
U — GEAR RUNOUT FREQUENCY [1-REUl...........c.ciacaannnn 1 .680684
¥ — PHASE ANGLE FOR RUMOUT [DEGREESI.............cc.o.... 28.808068

ENTER LETTER<S> OF GROUP<S> TO CHANGE _

Fig. B. 7. Dimension and configuration of shafts.

The terms A_P, B_P refers to length of shafts where pinion is located. For different
sides of the pinion, a different shaft radius can be specified. Also the radius of the
shaft for the section under the pinion may be specified. Same terms A_G, B_G apply
to gear similarly. Gears may be positioned as centered or overhung. Fig. B. 8 and Fig.
B. 9 are for clarification of these terms for centered and overhung cases. If the gear is
overhung then the side at which is overhung should be specified. Fig. B. 8 shows a
right overhung pinion and dimensions. In case of overhung, the second bearing may be
located anywhere. Items D and E set its location, but these will appear only if the
corresponding shaft is overhung. They set the bearing location from the left. In case of

left overhung the gear is on the left side, every other dimension is on the same place.
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Shaft
radius.
* CorrB_P

Shaft
radius.
* Corr A P

A

A

B S EEE—

AP B P
Face

width
Fig. B. 8. Dimensions in a centered case.

I

A
/

~_Bearing position for pinion (D)

) - Shaft
Shaft radius.
radius. ‘# CorrB P
‘# Corr A P

V22222

B_P

Face
width

Fig. B. 9. Dimensions in a right overhung case.

3.4 Bearing Data Menu

This menu is used for setting bearing stiffness values. Bearing stiffness are categorized
under Line of Action (LOA), Off-Line of Action (O-LOA), and axial directions. Axial
refers to the axial thrust direction for an angular contact bearing. The program places
its reference frame according to the line of action direction. So that it is necessary to
keep track of the stiffness values when line of action changes, since the alignment of
the horizontal axis with the LOA axis changes for different gears. Torsional stiffness
for a bearing may only be specified if 3-D FLEXIBLE SHAFT model is used. Unless
flexible shaft model is chosen, torsional stiffness will not appear in the menu. When
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SIMPLE SHAFT or ONLY GEARS models are used, this menu displays only two
bearing stiffness, which are right under the gears. If GEARS W/O BEARINGS model
is used, then this menu is not accessible because this model assumes rigid bearings.
Damping value refers to a viscous damper connected to the ground and the shaft. It
has the same value for all bearings. Its unit is Force/Velocity. Fig. B. 10 shows the

bearing data menu.

BEARING DATA

A - ALL DATA

B - LINE OF ACTION RIGHT PINION BEARIMG STIFFMESS........... 2880808 . B8
C - LIME OF ACTION LEFT PIMION BEARIMG STIFFMESS............ 2808808 . B8
I - LIME OF ACTION RIGHT TORSIOMAL PIMIOM BEARIMG STIFFMESS A.84
E - LIME OF ACTION LEFT TORSIOMAL PIMIOM BEARING STIFFMESS A.84
F - LIME OF ACTION RIGHT GEAR BEARIMG STIFFMESS............. 2800804 . B8
G — LIME OF ACTION LEFT GEAR BEARING STIFFMESS.............. 2800800 . B8
H — LIME OF ACTION RIGHT TORSIOMAL GEAR BEARING STIFFMESS. .. a.8a
I - LIME OF ACTION LEFT TORSIONAL GEAR BEARING STIFFMESS.... a.8a
J — OFF-LINE OF ACTION RIGHT PINION BEARING STIFFHESS....... 2880808 . B8
K — OFF-LINE OF ACTION LEFT PINION BEARIMG STIFFMESS........ 2808808 . B8
L — OFF-LIME RIGHT TORSIOMAL PIMION BEARIMG STIFFMESS....... A.84
M - OFF-LIME LEFT TORSIOMAL PIMIOM BEARIMG STIFFMESS........ A.84
N - OFF-LINE OF ACTION RIGHT GEAR BEARING STIFFMESS......... 2800804 . B8
0 — OFF-LINE OF ACTION LEFT GEAR BEARING STIFFMNESS.......... 2800800 . B8
P — OFF-LINE RIGHT TORSIONAL GEAR BEARING STIFFMESS......... a.8a
R — OFF-LINE LEFT TORSIONAL GEAR BEARING STIFFMESS.......... a.8a
§ — ARIAL RIGHT PIWMION BEARIMNG STIFFMESS...........ccc.nana. 2880808 . B8
T — ARIAL LEFT PIMIOM BEARIMG STIFFMESS.............c.cc..ca... 2880808 . B8
U — ARIAL RIGHT GEAR BEARIMG STIFFMESS..........c.ucoanaana. 2880808 . B8
U - AXIAL LEFT GEAR BEARING STIFFMESS........ccceeiucmannanas 2800808 . B8
¥ — BEARING DAMPING. .. ... o ii et iai s s s sscmmenammmnnmnns 16884.688

ENTER LETTER<S> OF GROUP{S> TO CHANGE

Fig. B. 10. Bearing Data menu

3.5 Control Parameters Menu

This is a general setup menu for various variables.

3.5.1 Mesh Damping Ratio

This is a modal damping ratio. The physical damper is located between pinion and

gear, so that it damps through the relative velocity, which is the transmission error
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velocity. The value is dependent on materials and many other factors, so that it needs

to be chosen somewhat arbitrary. A good range appears to be between 0.1 and 0.03.

3.5.2 Mesh Stiffness Dependence on Tooth Load

This option allows the mesh stiffness vary with instantaneous dynamic loading. The
physical interpretation is that, at low driving torque contacting surfaces can be smaller
in area compared to high torque. A low area of contact results in a relatively low
stiffness. If this option is set to YES, than this effect is taken into account. Otherwise
mesh stiffness is found assuming driving torque is constant, which is entered in LDP
before. This option appears to be useful when there are high torque fluctuations from

the load or driver.

3.5.3 Initial System Speed

System speed is referred as the pinion rotational speed in rpm. Pinion is the driver

throughout the program, not the component that has lower number of teeth.

3.5.4 Additional Load Torque for Runup or Rundown (Making a Runup)

If runup or rundown is desired it can simply be achieved by varying the load torque on
the gear. A negative value is decreasing the load torque. Note that load torque is pre
calculated from driving torque by assuming system is in equilibrium. Fig. B. 11
shows the control parameters menu with a runup. For easiness, the speed of the pinion
at the end of simulation is displayed as 7215 rpm in Fig. B. 11, whereas initial system
speed was 1000 rpm. This value of 7215 rpm is calculated without friction. If friction
is present in the model, end speed will be lower than this value.
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CONTROL PARAMETERS

A — ALL GROUPS

B — MESH DAMPING RATIO. ... ... ... ... ciiccacaaaaans A.858888

C — MESH STIFFMESS DEPEMDEMCE OM TOOTH LOAD...... ¥

D — INITIAL SYSTEM SPEED IM RPM. .. ............... 18688 . AlAAEA

E - ADDITIONAL LOAD TORQUE FOR RUMUP OR RUNDOUWM. . -5 . BHEHER

F — END TIME FOR SIMULATION. ... ... ..o 18. 8888868

G — MUMBER OF STEPS TO WRITE TO OUTPUT FILE...... HB2868

H - TIME TO UIEW GGR ... ... .iiiiiiiiieiaiaaaaaa A.8878688
INFORMATIOM:

PINION SPEED AT THE END ERCLUDIMG FRICTION [RPM1 7214.97

NMUMBER OF MESH CYCLES COUERED.................... 17114.51

GGR OUTPUTS WILL START AT MESH CYCLE............. 15.48

ENTER LETTER<S» OF GROUPCS> TO CHAWGE _

Fig. B. 11. Control Parameters Menu

3.5.5 End Time for Simulation

This is the length of simulation time in seconds. Unless runup is desired it should be
kept low to run the program faster. However it should be long enough for at least one
mesh cycle to pass. Also if steady state vibrations are desired, it should be long
enough for transients to die out. In general 5 mesh cycles should be enough for a mesh

damping value of 0.05 for transients to die out for conventionally sized gears.

3.5.6 Output Files

A file named ‘results.txt’, ‘bearings.txt’, and ‘shaft.txt’ are created containing
acceleration and position data for a number of components. The results.txt contains
general outputs and can be opened with MATLAB. The first column contains time in
seconds. Table B. 8 and Table B. 9 show the arrangement of data in the files. The
totals are calculated with vector addition.
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1 Time [s] 15 Oc
2 TE 16 b
3 POSCON 17 B
4 oy [rad/s] 18 Ocrr
5 g [rad/s] 19 err
6 Mesh Stiffness 20 Contact Ratio
7 Static TE 21 Friction Force
8 Pinion Torque 22 Load sharingl
9 Msp 23 Load sharing2
10 Mzq 24 Load sharing3
11 Separation 25 CDer
12 Op 26 (I)Err idler
13 op 27 Xp3
14 Bp 28 Xi3

29 Xg3

Table B. 8. Data in columns of ‘results.txt’ file.

Accelerations Displacements Forces
LOA Right Pinion bearing 1 13 29
O-LOA Right Pinion bearing 2 14 30
Axial Right Pinion bearing 3 15 31
LOA Left Pinion bearing 4 16 32
O-LOA Left Pinion bearing 5 17 33
Axial Left Pinion bearing 6 18 34
LOA Right Gear bearing 7 19 35
O-LOA Right Gear bearing 8 20 36
Axial Right Gear bearing 9 21 37
LOA Left Gear bearing 10 22 38
O-LOA Left Gear bearing 11 23 39
Axial LOA Left Gear bearing 12 24 40
Total for Right Pinion Bearing 25 41
Total for Left Pinion Bearing 26 42
Total for Right Gear Bearing 27 43
Total for Left Gear Bearing e 28 44

Table B. 9. Data in columns of ‘bearings.txt’ file.
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3.5.7 Number of Steps to Write to Output File

This option is useful for avoiding large output files. It specifies the total number of
steps in the output file. Time resolution may be an issue if the output file data is used
in signal processing. The sampling frequency can be obtained by dividing the number

of steps to the total simulation time.

3.5.8 Simulation Time to View GGR

This time value sets the time after which GGR output files are created. If WinGgr.exe
or GGR106.exe is used to view results, then the time history will start after this value.
If this value is too small, then GGR outputs may fall in the transient region. If it is too
high, then a mesh cycle may not be completed. If this is the case GGR outputs cannot
be created. In case this happens, still result files are created but only WinGGR cannot
be used. View quick results display some values that can be roughly approximated
with empirical values. They are for quick reference. Default values can be loaded with

H in main menu. Previous entered data will be erased but input file is preserved.
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